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Abstract
Performance Investigation
of a
Turbocharger Compressor
A.L. de Wet
Department of Mechanical and Mechatronic Engineering,
University of Stellenbosch,
Private Bag X1, Matieland 7602, South Africa.
Thesis: MScEng (Mech)
December 2011
Stellenbosch University participated in a project to re-design the compressor
section of a diesel locomotive turbocharger. Tests conducted on the prototype
compressor showed possible rotating stall in the diﬀuser section before the
designed higher pressure ratio could be achieved. When approaching the higher
pressure ratio, the compressor inlet trunk started to rhythmically collapse (due
to suction), the engine shook and bellows of black smoke were exhausted by
the engine. It was decided to simulate the prototype compressor's operation
by using the 1-D theory of Aungier (2000) and to perform a 3-D CFD analysis
of the compressor using FINE/Turbo of NUMECA International.
A veriﬁcation process was followed to show the accuracy of the 1-D and
3-D modelling methods using two well-known centrifugal compressor test cases
found in the literature, namely the O-Rotor by Eckardt (1975, 1976, 1980) and
the Radiver open CFD test case by Ziegler et al. (2003c). Results from the
models were compared to available experimental results and the accuracy was
found to be suﬃcient to investigate the prototype compressor's impeller and
diﬀuser.
Both prediction methods conﬁrmed separation in the vaned diﬀuser across
the entire operating ﬂow range of the prototype compressor at the design im-
peller speed. The 3-D method identiﬁed supersonic ﬂow at the vaned diﬀuser
inlet at the operating point and also predicted a smaller operating range than
originally anticipated. Both the 1-D and 3-D methods also predicted impeller
blade stall over the entire operating ﬂow range at the design impeller speed.
ii
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ABSTRACT iii
A recommendation was made to redesign the impeller and diﬀuser of the pro-
totype compressor.
Keywords: CFD, NUMECA, Aungier, Eckardt, Radiver, centrifugal com-
pressor.
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Uittreksel
Ondersoek in die Werkverrigting
van 'n
Turbo-aanjaer Kompressor
(Performance Investigation
of a
Turbocharger Compressor)
A.L. de Wet
Departement Meganiese en Megatroniese Ingenieurswese,
Universiteit van Stellenbosch,
Privaatsak X1, Matieland 7602, Suid Afrika.
Tesis: MScIng (Meg)
Desember 2011
Die Universiteit van Stellenbosch het deel geneem aan 'n projek om die kom-
pressor gedeelte van 'n diesel lokomotief se turbo-aanjaer te herontwerp. Toetse
uitgevoer op die prototipe kompressor het moontlike roterende wegbreking in
die diﬀuser seksie uitgewys voordat die ontwerpte hoër drukverhouding bereik
kon word. Toe die hoër drukverhouding genader is, het die kompressor in-
laatpyp begin ritmies inmekaar vou (as gevolg van die suig aksie), die enjin
het geskud en wolke swart rook is deur die enjin uitgeblaas. Die besluit is
geneem om die prototipe kompressor se werking te simuleer met behulp van
die 1-D teorie van Aungier (2000) en om ook 'n 3-D berekenings vloeimeganika
(BVM) analise op die kompressor uit te voer met behulp van FINE/Turbo
van NUMECA Internasionaal.
'n Veriﬁkasieproses is gevolg om die akkuraatheid van die 1-D en 3-D mo-
delle te illustreer met behulp van twee welbekende sentrifugaal kompressor
toetsgevalle beskikbaar in die literatuur, naamlik die O-Rotor deur Eckardt
(1975, 1976, 1980) en die Radiver oop BVM toetsgeval deur Ziegler et al.
(2003c). Resultate van die modelle is vergelyk met beskikbare eksperimentele
resultate en die bevinding is gemaak dat die akkuraatheid genoegsaam is om
die prototipe kompressor se rotor en diﬀuser te ondersoek.
Beide voorspellingsmetodes het wegbreking bevestig in die gelemde diﬀuser
oor die hele werksbestek van die prototipe kompressor teen die ontwerp rotor-
iv
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spoed. Die 3-D metode het supersoniese vloei by die gelemde diﬀuser se inlaat
by die bedryfspunt geïdentiﬁseer en het ook 'n kleiner werksbestek voorspel
as wat vroeër verwag is. Beide die 1-D en 3-D metodes het ook wegbreking
in die rotor oor die hele werksbestek teen die ontwerp rotorspoed voorspel. 'n
Voorstel is gemaak om die rotor en diﬀuser van die prototipe kompressor te
herontwerp.
Sleutelwoorde: BVM, NUMECA, Aungier, Eckardt, Radiver, sentrifugaal
kompressor.
Stellenbosch University  http://scholar.sun.ac.za
Acknowledgements
I wish to express my sincere gratitude to the following individuals and insti-
tutions who accompanied me on this journey:
 Our Allmighty God who knows how to keep my path interesting and
makes provision for me to surmount obstacles.
 My parents, Louis and Suzanne, who noticed my passion for engineering
before I did and encouraged me to pursue it.
 My loving wife, Gretha, for encouraging and motivating me to ﬁnish this
thesis.
 All my friends and family who never lost faith in me whilst I was busy
with this project. There are too many to single out.
 My two supervisors for their encouragement and guidance during the
project. Prof. T.W. von Backström who is always patient and Mr. S.J.
van der Spuy who kept believing in my determination to ﬁnish.
 Ballast, Prof. T.W. von Backström and Mr. S.J. van der Spuy for pro-
viding and facilitating ﬁnancial support.
 The use of the high performance cluster at Stellenbosch University.
vi
Stellenbosch University  http://scholar.sun.ac.za
Dedications
To Prof. G.D. Thiart...
vii
Stellenbosch University  http://scholar.sun.ac.za
Contents
Declaration i
Abstract ii
Uittreksel iv
Acknowledgements vi
Dedications vii
Contents viii
List of Figures x
List of Tables xv
Nomenclature xvi
1 Introduction 1
1.1 Previous Work . . . . . . . . . . . . . . . . . . . . . . . . . . . 1
1.2 Problem Statement and Study Objective . . . . . . . . . . . . . 2
2 Literature Study 4
2.1 Basic Centrifugal Compressor Operating Principles . . . . . . . 4
2.2 1-D Centrifugal Compressor Theory . . . . . . . . . . . . . . . . 8
2.2.1 Main Overview of Analysis Methodology . . . . . . . . . 8
2.2.2 Impeller Performance . . . . . . . . . . . . . . . . . . . . 9
2.2.3 Vaneless Annular Passage Performance . . . . . . . . . . 17
2.2.4 Vaned Diﬀuser Performance . . . . . . . . . . . . . . . . 22
2.3 CFD Modelling using FINE/Turbo . . . . . . . . . . . . . . . 25
2.3.1 Overview of the CFD Environment . . . . . . . . . . . . 27
2.3.2 Turbulence Models . . . . . . . . . . . . . . . . . . . . . 28
2.3.3 Mesh Quality and Grid Convergence . . . . . . . . . . . 33
2.3.4 The Reynolds Number Eﬀect . . . . . . . . . . . . . . . 35
2.3.5 Stable Simulations . . . . . . . . . . . . . . . . . . . . . 35
viii
Stellenbosch University  http://scholar.sun.ac.za
CONTENTS ix
3 Validation of 1-D Theory and FINE/Turbo 37
3.1 Justiﬁcation of Validation Study Cases . . . . . . . . . . . . . . 37
3.2 The Eckardt O-Rotor . . . . . . . . . . . . . . . . . . . . . . . . 40
3.2.1 Geometric Information and Operating Conditions . . . . 40
3.2.2 Modelling Results and Discussion . . . . . . . . . . . . . 45
3.3 The Radiver Test Case . . . . . . . . . . . . . . . . . . . . . . . 50
3.3.1 Geometric Information and Operating Conditions . . . . 52
3.3.2 Modelling Results and Discussion . . . . . . . . . . . . . 57
3.4 Discussion of the Modelling Methods . . . . . . . . . . . . . . . 63
4 DEEP Prototype Information and Modelling Results 67
4.1 Geometry and Known Performance Characteristics . . . . . . . 68
4.2 Modelling Results . . . . . . . . . . . . . . . . . . . . . . . . . . 71
5 Conclusions and Recommendations 78
5.1 Conclusions . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 78
5.2 Recommendations . . . . . . . . . . . . . . . . . . . . . . . . . . 79
Appendices 81
A Air Properties and Characteristics 82
A.1 Air Properties . . . . . . . . . . . . . . . . . . . . . . . . . . . . 82
A.2 Critical Values at the Sonic Point . . . . . . . . . . . . . . . . . 82
A.3 Skin Friction Coeﬃcient . . . . . . . . . . . . . . . . . . . . . . 83
A.4 Boundary Layer Thickness . . . . . . . . . . . . . . . . . . . . . 86
B 1-D Centrifugal Compressor Theory Loss Coeﬃcients 87
B.1 Impeller Performance . . . . . . . . . . . . . . . . . . . . . . . . 87
B.2 Vaned Diﬀuser Performance . . . . . . . . . . . . . . . . . . . . 95
C AutoGrid5 Meshes of the Thesis Compressors 100
C.1 The Eckardt O-Rotor . . . . . . . . . . . . . . . . . . . . . . . . 100
C.2 The Radiver Test Case . . . . . . . . . . . . . . . . . . . . . . . 102
C.3 The DEEP Prototype . . . . . . . . . . . . . . . . . . . . . . . . 109
D FINE/Turbo Setups of the Thesis Compressors 118
E y+ Values of the Thesis Compressors 121
E.1 The Eckardt O-Rotor . . . . . . . . . . . . . . . . . . . . . . . . 121
E.2 The Radiver Test Case . . . . . . . . . . . . . . . . . . . . . . . 121
E.3 The DEEP Prototype . . . . . . . . . . . . . . . . . . . . . . . . 127
F O-Rotor Linear Tapered Shroud Results 129
List of References 133
Stellenbosch University  http://scholar.sun.ac.za
List of Figures
1.1 DEEP prototype designed and measured non-dimensionalised com-
pressor data. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 2
2.1 Centrifugal compressor component overview in the r-Z plane. . . . 5
2.2 GE 7S1408 A1 compressor impeller. . . . . . . . . . . . . . . . . . . 5
2.3 GE 7S1408 A1 compressor diﬀuser. . . . . . . . . . . . . . . . . . . 6
2.4 GE 7S1408 A1 compressor dual-exit volute. . . . . . . . . . . . . . 7
2.5 Impeller MATLAB® 1-D code execution sequence. . . . . . . . . . 10
2.6 Impeller geometry in the r-Z and r-θ planes. . . . . . . . . . . . . . 10
2.7 Velocity triangle of impeller inlet. . . . . . . . . . . . . . . . . . . . 11
2.8 Velocity triangle of impeller throat. . . . . . . . . . . . . . . . . . . 11
2.9 Impeller tip geometry. . . . . . . . . . . . . . . . . . . . . . . . . . 12
2.10 Velocity triangle of impeller tip. . . . . . . . . . . . . . . . . . . . . 13
2.11 Impeller inlet to throat Mollier chart. . . . . . . . . . . . . . . . . . 14
2.12 Impeller inlet to tip Mollier chart. . . . . . . . . . . . . . . . . . . . 16
2.13 Vaneless annular passage control volume geometry. . . . . . . . . . 18
2.14 Vaneless annular passage Mollier chart. . . . . . . . . . . . . . . . . 19
2.15 Vaned diﬀuser geometry in the r-Z and r-θ planes. . . . . . . . . . 23
2.16 Vaned diﬀuser inlet and throat geometry and velocity triangle. . . . 23
2.17 Vaned diﬀuser tip geometry. . . . . . . . . . . . . . . . . . . . . . . 25
2.18 Vaned diﬀuser Mollier chart. . . . . . . . . . . . . . . . . . . . . . . 26
2.19 The FINE/Turbo environment. . . . . . . . . . . . . . . . . . . . 26
2.20 Screenshot of IGG. . . . . . . . . . . . . . . . . . . . . . . . . . . 27
2.21 Screenshot of AutoGrid5. . . . . . . . . . . . . . . . . . . . . . . . 28
2.22 Screenshot of FINE/Turbo. . . . . . . . . . . . . . . . . . . . . . 29
2.23 Screenshot of CFView. . . . . . . . . . . . . . . . . . . . . . . . . 29
2.24 Approximation of the boundary layer proﬁles. . . . . . . . . . . . . 31
2.25 Total-to-total pressure ratio of the Eckardt O-Rotor using diﬀerent
turbulence models. . . . . . . . . . . . . . . . . . . . . . . . . . . . 32
2.26 Total-to-total eﬃciency of the Eckardt O-Rotor using diﬀerent tur-
bulence models. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
2.27 Aspect ratio deﬁnition of the control volume. . . . . . . . . . . . . 34
2.28 Expansion ratio deﬁnition of the control volume. . . . . . . . . . . . 34
2.29 Pinching of the DEEP prototype outlet in AutoGrid5. . . . . . . . 36
x
Stellenbosch University  http://scholar.sun.ac.za
LIST OF FIGURES xi
3.1 Eckardt's O-Rotor. . . . . . . . . . . . . . . . . . . . . . . . . . . . 41
3.2 Original meridional view of the O-Rotor. . . . . . . . . . . . . . . . 41
3.3 O-Rotor hyperbolic diﬀuser shroud sketch. . . . . . . . . . . . . . . 42
3.4 Additional O-Rotor meridional view. . . . . . . . . . . . . . . . . . 42
3.5 Total-to-total pressure ratios of the O-Rotor with a hyperbolic
shroud at 14 000RPM. . . . . . . . . . . . . . . . . . . . . . . . . . 46
3.6 Total-to-total eﬃciencies of the O-Rotor with a hyperbolic shroud
at 14 000RPM. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 46
3.7 Pressures along the diﬀuser of the O-Rotor with a hyperbolic shroud
at 14 000RPM and 5.31 kg/s. . . . . . . . . . . . . . . . . . . . . . 47
3.8 Flow angles along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 14 000RPM and 5.31 kg/s. . . . . . . . . . . . . . . . . . 48
3.9 Pressures along the diﬀuser of the O-Rotor with a hyperbolic shroud
at 12 000RPM and 3.86 kg/s. . . . . . . . . . . . . . . . . . . . . . 49
3.10 Flow angles along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 12 000RPM and 3.86 kg/s. . . . . . . . . . . . . . . . . . 49
3.11 Recirculation at O-Rotor tip at 14 000RPM and 50% span. . . . . 51
(a) m˙ = 4.53 kg/s with Deq = 2.206 > 2. . . . . . . . . . . . . 51
(b) m˙ = 5.31 kg/s with Deq = 2.015 > 2. . . . . . . . . . . . . 51
(c) m˙ = 6.09 kg/s with Deq = 1.846 < 2. . . . . . . . . . . . . 51
3.12 The Radiver compressor stage. . . . . . . . . . . . . . . . . . . . . 52
3.13 Measurement planes of the Radiver compressor in the meridional
view. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 53
3.14 Measurement planes of the Radiver compressor along the diﬀuser. . 53
3.15 Diﬀuser static-to-static pressure ratio of the Radiver test case. . . . 58
3.16 Compressor total-to-total eﬃciency of the Radiver test case. . . . . 58
3.17 Static pressure at 2M of the Radiver test case. . . . . . . . . . . . . 59
3.18 Total pressure at 2M of the Radiver test case. . . . . . . . . . . . . 60
3.19 Flow angle at 2M of the Radiver test case. . . . . . . . . . . . . . . 60
3.20 Absolute Mach number at 7M of the Radiver test case. . . . . . . . 62
3.21 Total pressure at 7M of the Radiver test case. . . . . . . . . . . . . 62
3.22 Absolute velocity magnitude along the Radiver diﬀuser vane at
ωcorr/ωmax = 0.8 and 50% span. . . . . . . . . . . . . . . . . . . . . 64
(a) m˙corr = ±1.83 kg/s with C4 < CSEP . . . . . . . . . . . . . 64
(b) m˙corr = ±1.95 kg/s with C4 ≈ CSEP . . . . . . . . . . . . . 64
(c) m˙corr = ±2.161 kg/s with C4 > CSEP . . . . . . . . . . . . . 64
4.1 The DEEP impeller. . . . . . . . . . . . . . . . . . . . . . . . . . . 67
4.2 Unmeshed 3-D model of the DEEP compressor. . . . . . . . . . . . 69
4.3 AutoGrid5 meridional view of the DEEP compressor. . . . . . . . 69
4.4 Recirculating ﬂow (Deq = 2.573 > 2) at the impeller tip of the
DEEP prototype at 50% span and the operating point. . . . . . . . 72
4.5 Low relative velocity regions in the DEEP prototype impeller at
50% span and the operating point. . . . . . . . . . . . . . . . . . . 72
Stellenbosch University  http://scholar.sun.ac.za
LIST OF FIGURES xii
4.6 High Mach number ﬂow between the DEEP prototype diﬀuser inlet
and throat at 50% span and the operating point. . . . . . . . . . . 73
4.7 Absolute Mach Number at station C of the DEEP prototype. . . . 74
4.8 Absolute velocity ﬂow vectors showing recirculation on the DEEP
prototype diﬀuser vane suction surface at 50% span and the oper-
ating point. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 74
4.9 Absolute ﬂow angle showing separation across the DEEP prototype
diﬀuser vane at 50% span and the operating point. . . . . . . . . . 75
4.10 Absolute ﬂow angle at station C of the DEEP prototype. . . . . . . 75
4.11 Total-to-total eﬃciency between stations A and D of the DEEP
prototype. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 76
4.12 Total-to-total pressure ratio between stations A and D of the DEEP
prototype. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 77
C.1 Meridional (Z-r) views of the O-Rotor. . . . . . . . . . . . . . . . . 101
(a) Hyperbolic contoured. . . . . . . . . . . . . . . . . . . . . 101
(b) Linear tapered. . . . . . . . . . . . . . . . . . . . . . . . . 101
C.2 O-Rotor impeller grid points summary. . . . . . . . . . . . . . . . . 102
C.3 Hub B2B mesh views of the O-Rotor impeller. . . . . . . . . . . . . 103
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 103
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 103
C.4 Shroud B2B views of the O-Rotor. . . . . . . . . . . . . . . . . . . 104
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 104
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 104
C.5 Block wire mesh of the hyperbolic contoured O-Rotor. . . . . . . . 105
C.6 Meridional (r-Z) view of the Radiver test case. . . . . . . . . . . . 105
C.7 Radiver test case impeller grid points summary. . . . . . . . . . . . 106
C.8 Hub B2B mesh views of the Radiver test case impeller. . . . . . . . 107
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 107
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 107
C.9 Shroud B2B mesh views of the Radiver test case impeller. . . . . . 108
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 108
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 108
C.10 Radiver test case diﬀuser grid points summary. . . . . . . . . . . . 109
C.11 Hub B2B mesh views of the Radiver test case diﬀuser. . . . . . . . 110
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 110
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 110
C.12 Block wire mesh of the Radiver test case. . . . . . . . . . . . . . . . 111
C.13 Meridional (r-Z) view of the DEEP prototype. . . . . . . . . . . . . 111
C.14 DEEP prototype impeller grid points summary. . . . . . . . . . . . 112
(a) Main blade. . . . . . . . . . . . . . . . . . . . . . . . . . . 112
(b) Splitter blade. . . . . . . . . . . . . . . . . . . . . . . . . . 112
C.15 Hub B2B views of the DEEP prototype impeller. . . . . . . . . . . 113
(a) Main blade leading edge. . . . . . . . . . . . . . . . . . . . 113
Stellenbosch University  http://scholar.sun.ac.za
LIST OF FIGURES xiii
(b) Main blade leading edge. . . . . . . . . . . . . . . . . . . . 113
(c) Main blade trailing edge. . . . . . . . . . . . . . . . . . . . 113
(d) Splitter blade trailing edge. . . . . . . . . . . . . . . . . . 113
C.16 Shroud B2B views of the DEEP prototype impeller. . . . . . . . . . 114
(a) Main blade leading edge. . . . . . . . . . . . . . . . . . . . 114
(b) Splitter blade leading edge. . . . . . . . . . . . . . . . . . 114
(c) Main blade trailing edge. . . . . . . . . . . . . . . . . . . . 114
(d) Splitter blade trailing edge. . . . . . . . . . . . . . . . . . 114
C.17 DEEP prototype diﬀuser grid points summary. . . . . . . . . . . . . 115
C.18 Hub B2B views of the DEEP prototype diﬀuser. . . . . . . . . . . . 116
(a) Leading edge. . . . . . . . . . . . . . . . . . . . . . . . . . 116
(b) Trailing edge. . . . . . . . . . . . . . . . . . . . . . . . . . 116
C.19 Block wire mesh of the DEEP prototype. . . . . . . . . . . . . . . . 117
E.1 y+ values of the O-Rotor at 6.09 kg/s using the Spalart-Allmaras
turbulence model. . . . . . . . . . . . . . . . . . . . . . . . . . . . . 122
(a) Unshrouded. . . . . . . . . . . . . . . . . . . . . . . . . . 122
(b) Shrouded. . . . . . . . . . . . . . . . . . . . . . . . . . . . 122
E.2 y+ values of the O-Rotor at 6.09 kg/s using the k-² with extended
wall function turbulence model. . . . . . . . . . . . . . . . . . . . . 122
(a) Unshrouded. . . . . . . . . . . . . . . . . . . . . . . . . . 122
(b) Shrouded. . . . . . . . . . . . . . . . . . . . . . . . . . . . 122
E.3 Blade pressure and suction surface y+ values of the O-Rotor at
6.19 kg/s. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 123
(a) Pressure surface. . . . . . . . . . . . . . . . . . . . . . . . 123
(b) Suction surface. . . . . . . . . . . . . . . . . . . . . . . . . 123
E.4 Shrouded y+ values of the O-Rotor at 6.19 kg/s. . . . . . . . . . . . 124
E.5 y+ values above six of the O-Rotor at 6.19 kg/s. . . . . . . . . . . . 124
E.6 Blade pressure and suction surfaces y+ values of the Radiver test
case at 2.161 kg/s. . . . . . . . . . . . . . . . . . . . . . . . . . . . 125
(a) Pressure surfaces. . . . . . . . . . . . . . . . . . . . . . . . 125
(b) Suction surfaces. . . . . . . . . . . . . . . . . . . . . . . . 125
E.7 Shrouded y+ values of the Radiver test case at 2.161 kg/s. . . . . . 126
E.8 y+ values above six of the Radiver test case at 2.161 kg/s. . . . . . 126
E.9 Blade pressure and suction surfaces y+ values of the DEEP proto-
type at 5.32 kg/s. . . . . . . . . . . . . . . . . . . . . . . . . . . . . 127
(a) Pressure surfaces. . . . . . . . . . . . . . . . . . . . . . . . 127
(b) Suction surfaces. . . . . . . . . . . . . . . . . . . . . . . . 127
E.10 Shrouded y+ values of the DEEP prototype at 5.32 kg/s. . . . . . . 128
E.11 y+ values above 10 of the DEEP prototype at 5.32 kg/s. . . . . . . 128
F.1 Total-to-total pressure ratios of the O-Rotor with a linear tapered
shroud at 14 000RPM. . . . . . . . . . . . . . . . . . . . . . . . . . 129
Stellenbosch University  http://scholar.sun.ac.za
LIST OF FIGURES xiv
F.2 Total-to-total eﬃciencies of the O-Rotor with a linear tapered shroud
at 14 000RPM. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 130
F.3 Pressures along the diﬀuser of the O-Rotor with a linear tapered
shroud at 14 000RPM and 5.31 kg/s. . . . . . . . . . . . . . . . . . 131
F.4 Flow angles along the diﬀuser of the O-Rotor with a linear tapered
shroud at 14 000RPM and 5.31 kg/s. . . . . . . . . . . . . . . . . . 131
F.5 Pressures along the diﬀuser of the O-Rotor with a linear tapered
shroud at 12 000RPM and 3.86 kg/s. . . . . . . . . . . . . . . . . . 132
F.6 Flow angles along the diﬀuser of the O-Rotor with a linear tapered
shroud at 12 000RPM and 3.86 kg/s. . . . . . . . . . . . . . . . . . 132
Stellenbosch University  http://scholar.sun.ac.za
List of Tables
3.1 Operating range comparison of the O-Rotor and GE 7S1408 A1
compressor. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 38
3.2 Overall performance comparison between the Radiver and DEEP
prototype. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 39
3.3 Impeller geometry of the O-Rotor and GE 7S1408 A1 compressor. . 44
3.4 O-Rotor compressor performance test points. . . . . . . . . . . . . . 44
3.5 O-Rotor impeller tip conditions at 5.31 kg/s and 14 000RPM. . . . 47
3.6 Test summary of the Radiver test case. . . . . . . . . . . . . . . . . 54
3.7 Impeller geometry of the Radiver test case. . . . . . . . . . . . . . . 56
3.8 Vaned diﬀuser geometry of the Radiver test case. . . . . . . . . . . 56
4.1 Impeller geometry of the DEEP prototype. . . . . . . . . . . . . . . 70
4.2 Vaned diﬀuser geometry of the DEEP prototype. . . . . . . . . . . 70
C.1 Hyperbolic contoured O-Rotor B2B mesh quality. . . . . . . . . . . 102
C.2 Radiver test case B2B mesh quality. . . . . . . . . . . . . . . . . . . 109
C.3 DEEP prototype B2B mesh quality. . . . . . . . . . . . . . . . . . . 116
D.1 FINE/Turbo Conﬁguration setup of the thesis compressors. . . . 119
D.2 FINE/Turbo Boundary Condition setup of the thesis compressors.120
xv
Stellenbosch University  http://scholar.sun.ac.za
Nomenclature
Constants
pi = 3.141 592 654
R = 287 J/kg·K
Symbols
A Total blade passage area . . . . . . . . . . . . . . . . . . . [m2 ]
AR Area ratio . . . . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
a/c Point of maximum camber . . . . . . . . . . . . . . . . . . [− ]
B Fractional area blockage . . . . . . . . . . . . . . . . . . . [− ]
b Hub-to-shroud passage width . . . . . . . . . . . . . . . . [m ]
C Absolute velocity . . . . . . . . . . . . . . . . . . . . . . . [m/s ]
CL Correction coeﬃcient, see Equation (B.2.15) . . . . . . . [− ]
CM Disk torque coeﬃcient . . . . . . . . . . . . . . . . . . . . [− ]
Cp Speciﬁc heat at constant pressure . . . . . . . . . . . . . [ J/kg ·K ]
CR Correction coeﬃcient, see Equation (B.2.17) . . . . . . . [− ]
Cr Contraction ratio . . . . . . . . . . . . . . . . . . . . . . . [− ]
Cθ Correction coeﬃcient, see Equation (B.2.15) . . . . . . . [− ]
cf Skin friction coeﬃcient . . . . . . . . . . . . . . . . . . . . [− ]
D Divergence parameter . . . . . . . . . . . . . . . . . . . . . [− ]
Deq Equivalent diﬀusion factor . . . . . . . . . . . . . . . . . . [− ]
Dm Diﬀusion criterion parameter . . . . . . . . . . . . . . . . [− ]
d Diameter . . . . . . . . . . . . . . . . . . . . . . . . . . . . [m ]
E Empirical diﬀusion eﬃciency . . . . . . . . . . . . . . . . [− ]
e Peak -to-valley surface roughness . . . . . . . . . . . . . . [m ]
fc Correction factor . . . . . . . . . . . . . . . . . . . . . . . . [− ]
h Enthalpy . . . . . . . . . . . . . . . . . . . . . . . . . . . . [ J/kg ]
hth Blade-to-blade throat width . . . . . . . . . . . . . . . . . [m ]
I Work input coeﬃcient . . . . . . . . . . . . . . . . . . . . [− ]
i Incidence angle (β − α) . . . . . . . . . . . . . . . . . . . . [ ◦ ]
xvi
Stellenbosch University  http://scholar.sun.ac.za
NOMENCLATURE xvii
K Clearance gap swirl parameter, vaned diﬀuser stall
parameter . . . . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
K0 Zero leakage swirl parameter, unguided vaned diﬀuser
stall parameter . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
K1 Correction coeﬃcient, see Equation (B.2.17) . . . . . . . [− ]
K2 Correction coeﬃcient, see Equation (B.2.17) . . . . . . . [− ]
k Turbulent kinetic energy, hyperbola constant . . . . . . . [m2/s2,m2 ]
L Mean streamline meridional length, dimensionless
diﬀuser blade loading parameter . . . . . . . . . . . . . . . [m ]
LB Full blade or vane mean streamline camberline length . [m ]
Ma Mach number . . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
m Meridional length . . . . . . . . . . . . . . . . . . . . . . . [m ]
m˙ Mass ﬂow rate . . . . . . . . . . . . . . . . . . . . . . . . . [ kg/s ]
N Rotation speed . . . . . . . . . . . . . . . . . . . . . . . . . [RPM ]
PR Pressure ratio . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
p Absolute pressure . . . . . . . . . . . . . . . . . . . . . . . [Pa ]
peri Perimeter . . . . . . . . . . . . . . . . . . . . . . . . . . . . [m ]
pv Velocity pressure (pt − p) . . . . . . . . . . . . . . . . . . [Pa ]
R Rothalpy . . . . . . . . . . . . . . . . . . . . . . . . . . . . [ J/kg ]
Re Reynolds number . . . . . . . . . . . . . . . . . . . . . . . [− ]
r Radius . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . [m ]
s Clearance gap, speciﬁc entropy . . . . . . . . . . . . . . . [m, J/kg ·K ]
T Absolute temperature . . . . . . . . . . . . . . . . . . . . . [K ]
tb Blade thickness . . . . . . . . . . . . . . . . . . . . . . . . . [m ]
U Blade speed (ωr), leakage tangential velocity . . . . . . . [m/s ]
V Velocity . . . . . . . . . . . . . . . . . . . . . . . . . . . . . [m/s ]
v∗ Friction velocity . . . . . . . . . . . . . . . . . . . . . . . . [m/s ]
W Relative velocity . . . . . . . . . . . . . . . . . . . . . . . . [m/s ]
w Vane-to-vane passage width . . . . . . . . . . . . . . . . . [m ]
X Choke parameter . . . . . . . . . . . . . . . . . . . . . . . [− ]
x Hyperbola horizontal coordinate . . . . . . . . . . . . . . [m ]
y Hyperbola vertical coordinate, distance from wall . . . . [m ]
y+ Dimensionless wall distance . . . . . . . . . . . . . . . . . [− ]
ywall Wall cell height . . . . . . . . . . . . . . . . . . . . . . . . [m ]
z Number of blades or vanes . . . . . . . . . . . . . . . . . . [− ]
α Flow angle with respect to tangent . . . . . . . . . . . . . [ ◦ ]
Stellenbosch University  http://scholar.sun.ac.za
NOMENCLATURE xviii
αC Mean streamline angle with respect to zenith axis . . . . [ rad ]
β Blade angle with respect to tangent . . . . . . . . . . . . [ ◦ ]
γ Speciﬁc heat ratio . . . . . . . . . . . . . . . . . . . . . . . [− ]
∆ Diﬀerence . . . . . . . . . . . . . . . . . . . . . . . . . . . . [− ]
δ Boundary layer thickness, dimensionless pressure
correction factor . . . . . . . . . . . . . . . . . . . . . . . . [m ]
δ∗ Minimum-loss deviation angle . . . . . . . . . . . . . . . . [ ◦ ]
∂δ/∂i Variation of deviation angle with incidence, see
Equation (B.2.24) . . . . . . . . . . . . . . . . . . . . . . . [− ]
² Impeller mean streamline radius ratio (r1/r2) . . . . . . . [− ]
η Isentropic eﬃciency . . . . . . . . . . . . . . . . . . . . . . [% ]
θ Dimensionless temperature correction factor, camber
angle . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . [ ◦ ]
κm Mean streamline curvature . . . . . . . . . . . . . . . . . . [ rad/m ]
λ Tip distortion factor . . . . . . . . . . . . . . . . . . . . . [− ]
µ Dynamic viscosity coeﬃcient . . . . . . . . . . . . . . . . [ kg/s ·m ]
ρ Density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . [ kg/m3 ]
σ Slip factor, point of maximum solidity . . . . . . . . . . . [− ]
σ∗ Parameter to determine ²LIM , see Equation (B.1.2) . . . [− ]
τ Torque . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . [N ·m ]
φ2 Tip ﬂow coeﬃcient . . . . . . . . . . . . . . . . . . . . . . [− ]
ω Rotation speed (2Npi/60), speciﬁc dissipation rate . . . . [ rad/s, 1/s ]
ω Total pressure loss coeﬃcient . . . . . . . . . . . . . . . . [− ]
2θC Diﬀuser divergence angle . . . . . . . . . . . . . . . . . . . [ ◦ ]
Superscripts
∗ Reynolds number eﬀect investigation results, sonic ﬂow condition,
optimum
Subscripts
B Blade
BL Blade loading
C Impeller cover, curvature
CH Choke
CL Shroud clearance gap
CM Torque coeﬃcient
CR Critical
Stellenbosch University  http://scholar.sun.ac.za
NOMENCLATURE xix
corr Corrected
D Impeller disk, diﬀusion, diﬀuser
DF Disk friction
DIF Diﬀusion
e Boundary layer edge
FB Full blades
H Hydraulic
h Hub
INA Standard inlet conditions
i Index for total pressure loss and work input coeﬃcient
ideal Ideal value
j Index for vaneless annular passage control volume
inc Incidence
inc0 Minimum incidence
inlet CFD inlet boundary
L Leakage
LE Leading edge
LIM Limit
m Meridional velocity component
max Maximum value
mix After mixing at the impeller tip or diﬀuser discharge
outlet CFD outlet boundary
PS Pressure surface
R Recirculation
r Rough
ref Reference value
S Stall
SB Splitter blades
SEP Separation
SF Skin friction
SS Suction surface, static-to-static ratio
s Shroud, smooth
sh Shock
TT Total-to-total ratio
t Total thermodynamic condition, turbulent
th Throat
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Chapter 1
Introduction
An opportunity to redesign a centrifugal compressor arose from a project
during 2003, which was known as the Diesel Engine Eﬃciency Programme
(DEEP) (Van der Spuy, 2003). This joint venture was undertaken between
Cape Advanced Engineering (CAE, trading as Stellenbosch Automotive Engi-
neering), the Department of Mechanical Engineering at Stellenbosch Univer-
sity and the Council for Scientiﬁc and Industrial Research (CSIR) of South
Africa to redesign the General Electric (GE) 7S1408 A1 diesel locomotive tur-
bocharger.
The client was the South African national railroad company, Spoornet,
where the GE 7S1408 A1 turbocharger is still in use on the GE 7FDL-12
engine. This engine is utilised in the GE U26C diesel locomotive (referred
to as the Class 34 diesel locomotive by Spoornet). The project was headed
by Mr. A. Stone of CAE and the aim was to improve power output by 15%
and to reduce the speciﬁc fuel consumption by 5% of the V12 diesel engine.
Besides redesigning the turbocharger, the intercooling system was improved
by separating the liquid cooled intercooler coolant from the engine coolant by
utilising a secondary coolant circuit.
1.1 Previous Work
The CSIR found that the turbine stage needed no re-rating and only redesign-
ing the compressor stage was investigated further. The redesigned compressor
was named the DEEP prototype and the impeller utilised backswept blades in-
cluding splitter blades and the logarithmic spiral type diﬀuser was replaced by
a ﬂat plate proﬁle (patented by Concepts ETI) type diﬀuser. Unfortunately
signiﬁcant stall occurred in the DEEP compressor during testing before the
designed higher pressure ratio could be reached. Figure 1.1 shows the designed
operating line reaching a total-to-total pressure ratio of 3.25, but the two mea-
sured operating lines experiencing choke at a lower total-to-total pressure ratio
of roughly 2.8. The improved intercooling system was included in the test and
1
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Figure 1.1: DEEP prototype designed and measured non-dimensionalised com-
pressor data (Van der Spuy, 2003).
the highest stable operating engine power was measured as 2025 kW, which is
a 4.4% increase from the maximum rated output of 1940 kW.
The occurrence of stall was also observable by rhythmic collapsing (due
to suction) of the compressor inlet trunk, shaking of the engine and bellows
of black smoke being exhausted by the engine when approaching the higher
pressure ratio. Stall in the vaned diﬀuser was conﬁrmed by Van der Spuy
(2003) during initial 3-D Computational Fluid Dynamics (CFD) modelling
utilising the commercial CFD code CFX.
1.2 Problem Statement and Study Objective
The DEEP project came to an end before any re-design of the DEEP com-
pressor could be performed and a reliable improved compressor could not be
delivered to the client.
It is the aim of this thesis to determine where the aerodynamic stall occurs
in the DEEP prototype and provide recommendations on the problematic com-
ponent or components to improve the performance and reliability of the com-
pressor. This investigation will be performed using one- and three-dimensional
(1-D and 3-D) analysis approaches.
The 1-D analysis relies on a combination of fundamental analysis and em-
pirical loss models along a mean stream surface presented by Aungier (2000),
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who divided the theory into the main components of a centrifugal compres-
sor. Not all of the sub-component theories were implemented and only those
relevant to the thesis compressors were coded using a programming language
familiar to the author, MATLAB®. These sub-component theory codes are
for the impeller itself, the vaneless annular passage and the vaned diﬀuser. The
MATLAB® codes will be veriﬁed using two well-known case studies, namely
the O-Rotor of Eckardt (1975, 1976, 1980) and the Radiver open CFD test
case by Ziegler et al. (2003c).
The 3-D analysis will be conducted using CFD software of NUMECA
International, namely FINE/Turbo. FINE/Turbo specialises in the auto-
matic meshing of turbomachinery components and simple setup of the solver
which has been tailored to accommodate rotating components. Terminology
from the turbomachinery ﬁeld are evident throughout the entire package with
the post-processing of results also including dimensionless parameters associ-
ated with turbomachinery evaluation. The software package can be divided
into three programs; namely AutoGrid5 for meshing, FINE/Turbo for solv-
ing and CFView for post-processing of results. Furthermore, the package can
be extended to facilitate detailed 3-D turbomachinery geometry design using
AutoBlade.
FINE/Turbo has not been used at the Department of Mechanical and
Mechatronic Engineering of Stellenbosch University when the thesis study
commenced, but was chosen due to the niche market of turbomachinery CFD
analysis it addresses. Due to the inception of using FINE/Turbo at the aca-
demic institution, the above-mentioned case studies will also be used to verify
the 3-D modelling capabilities of FINE/Turbo.
With credibility obtained in both the 1-D and 3-D analysis approaches
through benchmarking with the O-Rotor and Radiver test cases, the prototype
compressor stage will be investigated, identifying the problematic components,
upon which recommendations for improvement will be made. No comparisons
with the CFX results of Van der Spuy (2003) will be made.
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A good starting point in explaining basic turbomachinery principles is to
present a discussion on the geometry and operating principles of the cen-
trifugal compressor components relevant to this thesis. After this the 1-D
analysis procedure of Aungier (2000) will be discussed followed by a summary
of FINE/Turbo and a discussion on CFD modelling methods.
2.1 Basic Centrifugal Compressor Operating
Principles
The centrifugal compressor stage geometry relevant to this thesis can be di-
vided into diﬀerent components which can be viewed in Figure 2.1. No Inlet
Guide Vanes (IGV's) or return channels are included in this ﬁgure as the test
cases and prototype compressor stage do not employ such geometry.
For visual reference the reader can view a photo of the GE 7S1408 A1 com-
pressor impeller viewed from the inlet in Figure 2.2. The impeller is the only
rotating component in a centrifugal compressor stage. Dixon (2005) provides
the following simple explanation of the operating principle of a centrifugal
compressor.
The ﬂuid enters the impeller from the inlet casing into the eye (which is
bound by the hub and shroud). Typically this ﬂow is in the axial direction
and is assumed to be uniform. Pre-whirl can be introduced to the ﬂuid by
means of IGV's. If a channelling system is employed to direct the ﬂuid to the
eye by means of pipe bends, the ﬂow might not be uniform and could contain
some whirl. If this is the case, either the use of IGV's to manage the ﬂow or
prediction of the velocity vector with the help of the return channel analysis
procedure by Aungier (2000) is recommended.
The ﬂuid then moves into the inducer section which starts at the eye and
typically ﬁnishes in the region where the ﬂow is starting to move into the
radial direction (thus leaving the axial portion of the passage). This section
can therefore be separate from or be part of the blades. The case where the
4
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Figure 2.1: Centrifugal compressor component overview in the r-Z plane.
Figure 2.2: GE 7S1408 A1 compressor impeller (Courtesy of Johan van der
Spuy).
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Figure 2.3: GE 7S1408 A1 compressor diﬀuser (Courtesy of Johan van der
Spuy).
blade leading edge extends up to the eye is known as a full-inducer impeller.
Similarly, a semi-inducer impeller blade's inlet only extends partway into the
inducer portion as can be seen in Figure 2.1. Lastly, in a few cases a radial
impeller has blades only in the radial direction, hence the blades do not extend
into the axial direction at all.
The inducer transfers the ﬂuid smoothly into the blade passages where the
rotating blades energise the ﬂuid. The energy addition associated with this
rotation results in a total enthalpy rise. A static pressure rise of the ﬂuid is
the result of it moving from the inlet to tip (otherwise known as the impeller
outlet), which results in an increase in ﬂow area and hence diﬀusion of the
relative velocity. The increase in radius from inlet to tip as well as the transfer
of angular momentum from the rotating blades cause an increase in angular
momentum of the ﬂuid, after which the ﬂuid moves oﬀ the blades.
After the ﬂuid leaves the impeller tip it enters a vaneless annular passage
which facilitates some static pressure recovery. An example of a vaneless an-
nular passage can be seen in Figure 2.3 between the inner diameter of the
disk and the leading edge of the stationary vanes of the diﬀuser. If only the
vaneless annular passage is present and extends up to the volute casing, it is
known as a vaneless diﬀuser. Typically a vaneless annular passage is parallel
sided where diﬀusion takes place from the impeller tip to either the vaned dif-
fuser or volute inlet, depending on conﬁguration. Aungier (2000) mentions the
importance of this vaneless space to reduce possible high Mach number ﬂows
from the impeller tip to the vaned diﬀuser vanes in his design procedure for
vaned diﬀusers.
Employing a vaned diﬀuser has the advantage of further static pressure
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Figure 2.4: GE 7S1408 A1 compressor dual-exit volute (Courtesy of Johan van
der Spuy).
recovery from the kinetic energy remaining in the ﬂuid after it leaves the
vaneless annular space (Dixon, 2005). An example of the GE 7S1408 A1
compressor diﬀuser can be viewed in Figure 2.3. According to Dixon (2005) the
advantage of a vaned diﬀuser above a vaneless diﬀuser is a much smaller overall
diﬀuser length which Sayers (1990) supports by adding that the diﬀusion occurs
at a much higher rate with higher eﬃciency. But Aungier (2000) also mentions
in his preliminary design approach how a vaned diﬀuser ceases to be eﬀective
at higher ﬂow coeﬃcients when compared to a vaneless diﬀuser, thus indicating
a smaller operating range.
In some cases another vaneless annular space is present after the ﬂuid
discharges from the vaned diﬀuser. Aungier (2000) provides an explanation
for this; if the maximum diﬀuser (volute casing) radius is supplied it might
exceed the discharge radius calculated using the design approach for vaned
diﬀuser sizing. The solution is to add a vaneless annular passage after the
vaned diﬀuser discharge.
After the ﬂuid leaves the vaneless annular passage or vaned diﬀuser it enters
the volute (scroll) or collector which then smoothly collects the ﬂuid and guides
it into the discharge pipe. A collector is similar to a volute, but has a uniform
cross-sectional area in it's circumferential direction. Figure 2.4 shows a photo
of the GE 7S1408 A1 compressor dual-exit volute with the impeller visible in
the center.
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2.2 1-D Centrifugal Compressor Theory
In preparation for the thesis the author consulted the centrifugal compres-
sor analysis guidelines provided by Aungier (2000). Attention was paid to
Chapters 4 and 5 which comprise of a 1-D analysis along a mean stream sur-
face. Chapter 4 discusses The Impeller Work input only, whereas Chapter
5 discusses the One-Dimensional Aerodynamic Performance Analysis. The
last-mentioned chapter covers the analysis of the entire compressor, including
the inlet guide vanes, impeller performance, vaneless annular passage, vaned
diﬀuser, return channel and volute or collector. Chapter 5 closes by discussing
multistage compressor analysis.
A MATLAB® code was compiled to implement the theory from Aungier
(2000). For the scope of this project, only the impeller, vaneless annular pas-
sage and vaned diﬀuser were coded as the other components are not included
in the test cases (the Eckardt O-Rotor and Radiver open CFD test case as
described in Sections 3.2 and 3.3) or in the DEEP prototype (as described in
Section 4). The volute theory was excluded due to lack of test data including
the volute or suﬃcient geometry of the volute.
Due to the majority of the compressor operating variables being initially
unknown, the 1-D analysis procedure is iterative in nature and will be ex-
plained by means of a hand-calculation. The discussion is supported by de-
tailed drawings providing the geometry of the required measurements, ﬂuid
mechanics in the form of velocity vector diagrams and also the thermodynam-
ics in the form of Mollier charts.
2.2.1 Main Overview of Analysis Methodology
The analysis uses a skin friction model based on generalised pipe or channel
friction data. This is implemented in both the impeller (using a rotating frame
of reference), the vaneless annular passage (with the necessary adjustments
made) and the vaned diﬀuser (with a stationary frame of reference).
As mentioned, the 1-D theory mainly relies on measurements taken along
the mean stream surface, which is deﬁned such that the passage ﬂow area on
either side of the surface is equal. This is true for both the impeller, vaneless
annular passage and vaned diﬀuser theories.
The analysis methodology for each compressor component is modular and
for each component analysis the appropriate boundary conditions are im-
posed. Downstream components receive their inlet boundary conditions from
upstream results and it must be noted that upstream components are not in-
ﬂuenced by downstream components. An example of this is that the length
of the vaneless annular passage does not inﬂuence the impeller performance in
any way.
Aungier (2000) mentions that the analysis has been qualiﬁed against more
than a hundred diﬀerent stages, with stage ﬂow coeﬃcients ranging from 0.009
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to 0.16. But the analysis methodology's validation limits imply that it is only
applicable to industrial compressors. Pressure ratios for detailed validation
studies extend to 3.5, with the pressure ratio range being extended to 4.2
during actual application. Validity beyond this range cannot be guaranteed.
2.2.2 Impeller Performance
Aungier (2000) discusses the impeller work input in Chapter 4 of his book
and the loss coeﬃcients are discussed in Chapter 5. During implementation
this entailed alternating between the two chapters. To avoid confusion, the
analysis will be presented in the order as it was coded in MATLAB®. The
analysis progresses from the impeller inlet to tip.
Assumptions are made to start the iterative calculation. All of the required
geometry is provided and the operating ﬂuid is assumed to be a perfect gas.
The total inlet conditions (Tt,1 and pt,1) and intended range of mass ﬂow rates
with a speciﬁc impeller rotational speed are known. Even though not a prereq-
uisite, knowing the impeller total-to-total eﬃciency (ηTT ) and pressure ratio
(PRTT ) will help in estimating the initial tip conditions. Through iteration
one can determine the inlet and throat conditions before commencing with the
impeller performance analysis by Aungier (2000). The analysis is then applied
iteratively and the ﬁnal result is that the required tip conditions are known.
To calculate the tip conditions, two complimentary approaches are used. In
one approach, the total work input coeﬃcient is used to determine the absolute
total enthalpy at the tip (Tt,2). The other approach assumes that the process
from inlet to tip is isentropic and a total pressure loss is calculated along the
mean stream surface (based on the inlet conditions) to account for the actual
process not being isentropic. This loss is then used to estimate the actual
relative total pressure at the tip (p′t,2) from the isentropic or ideal relative
total pressure (p′t,2,ideal). Through entropy-velocity and isentropic relations for
a perfect gas, the other static conditions are calculated.
The execution sequence is explained in more detail in the following para-
graphs, but the basic procedure is summarised in Figure 2.5.
The discussion will commence with details on relevant geometry and veloc-
ity triangles. For an overview of the impeller geometry in both the r-Z and r-θ
planes, the reader can refer to Figure 2.6. All blade angles for the compressor
stages are measured relative to the tangent.
The velocity triangle for the impeller inlet is shown in Figure 2.7. The
channel ﬂow area is deﬁned as A1/zFB due to Aungier (2000) using the entire
ﬂow area and mass ﬂow rate for the analysis. Equation (2.2.1) is used to
determine the inlet area. Furthermore, the relative ﬂow angle (α′1) is not
assumed to be equal to the blade angle (β1).
A1 = pi
(
r21,s − r21,h
)
(2.2.1)
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Figure 2.5: Impeller MATLAB® 1-D code execution sequence.
Figure 2.6: Impeller geometry in the r-Z and r-θ planes.
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Figure 2.7: Velocity triangle of impeller inlet.
Figure 2.8: Velocity triangle of impeller throat.
Figure 2.8 shows a velocity diagram of the impeller throat. The impeller
throat is per deﬁnition found at the smallest passage ﬂow area where choking
is most likely to occur and this is typically just after the inlet of the impeller.
To determine the throat area (Ath) and wetted perimeter per channel, Aungier
(2000) supplies a detailed method in Section 7.6 of his book. It must be noted
that the throat blade angle (βth) is found on the suction surface (SS) of the
blade passage (as Aungier (2000) notes on p58) and that the relative ﬂow angle
(α′th) is assumed equal to βth.
Aungier (2000) simpliﬁes the throat area to A1 sin βth in determining the
passage area ratio (AR) shown in Equation (2.2.2) below. This was done for
two reasons, of which one is to promote better convention in the literature and
avoid confusion, as Aungier (1995) points out. The other is to be able to make
somewhat arbitrary adjustments to Ath in order to match a measured choke
limit without a signiﬁcant eﬀect on the work input prediction (Aungier, 2000).
During compilation of the 1-D code, it was also found that the choking loss
coeﬃcient calculation is very sensitive to the throat area.
AR =
A2 sin β2
A1 sin βth
(2.2.2)
A detailed sketch of the impeller tip is shown in Figure 2.9 and the tip ﬂow
area is determined according to Equation (2.2.3).
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Figure 2.9: Impeller tip geometry.
A2 = b2 [2pir2 − (zFB + zSB) tb,2] (2.2.3)
From the area formula in Equation (2.2.3), the inﬂuence of splitter blades
(SB) is noticeable. These are partial-length blades between neighbouring full
blades (FB) such as found on the DEEP prototype. Aungier (2000) proposes
adjusting the eﬀective number of blades as shown in Equation (2.2.4) when
splitter blades are present. Splitter blades are employed in a compressor de-
signed for high rotational Mach numbers in which the purpose is to maintain an
acceptable solidity whilst reducing blade metal blockage at the throat. This
provides a larger throat area for a higher mass ﬂow rate, thus reducing the
possibility of impeller choke. Furthermore, splitter blades should ideally not
extend into the throat as this will decrease the ﬂow area. Calculation of the
throat area remains the same and is calculated between two adjacent full blades
and multiplied by the number of full blades.
z = zFB + zSBLSB/LFB (2.2.4)
The impeller tip velocity triangle is shown in Figure 2.10. When the ﬂuid
enters the impeller, it can be considered to be irrotational. To maintain ir-
rotational ﬂow in the absolute frame of reference, a relative eddy rotating in
the opposite direction to the impeller is required (Aungier, 2000). Due to this
relative eddy, the ﬂow will not be perfectly guided by the blades and the phe-
nomenon of slip is observed where the outlet relative ﬂow angle is less than
the blade angle. Estimation of slip in the 1-D analysis is applied by using the
approximated Busemann slip factor by Wiesner (1967).
If the total inlet thermodynamic conditions are known, the velocities and
static conditions can be determined iteratively. If no pre-whirl is deﬁned, the
absolute meridional velocity (Cm,1) can be determined through the conserva-
tion of mass, as shown in general terms in Equation (2.2.5). This is after
initially calculating an inlet density (ρ1) using the total conditions and substi-
tuting A with A1 and V with Cm,1.
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Figure 2.10: Velocity triangle of impeller tip.
m˙ = ρV A (2.2.5)
After this, the absolute inlet velocity (C1) is obtained with the help of
Figure 2.7. From Aungier (2000), the total enthalpy (ht,1) is calculated using
Equation (2.2.6) and is then used to determine the static enthalpy (h1) through
Equation (2.2.7). From h1, the static temperature (T1) is determined using
Equation (2.2.6) again. A correlation for Cp is provided in Appendix A.1.
Tt = ht/Cp and T = h/Cp (2.2.6)
h = ht − C2/2 (2.2.7)
The inlet static pressure (p1) follows from the isentropic relations provided
by Equation (2.2.8) (Aungier, 2000) using the total properties as reference.
From the new static conditions, an iterated ρ1 can be determined using the
perfect gas equation provided in Equation (A.1.1) and the process is repeated
until ρ1 converges.
p = pref
(
T
Tref
) γ
γ−1
(2.2.8)
Due to the impeller rotating, this analysis must be conducted in the rotat-
ing frame of reference. The rothalpy remains constant along the streamlines
throughout the impeller and can be determined from Equation (2.2.9). The
static thermodynamic conditions are identical in both the absolute and rotat-
ing frames of reference and it can be shown that the relative and absolute total
enthalpy are related by Equation (2.2.10) (Aungier, 2000).
R = ht − ωrCU
= ht − UCU (2.2.9)
h = h′t −W 2/2 = ht − C2/2 (2.2.10)
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Figure 2.11: Impeller inlet to throat Mollier chart.
The impeller throat plays a vital role in the analysis to determine the
onset of choking in particular. For this the throat thermodynamic state must
be known and can be determined using the Mollier chart between the impeller
inlet and throat in Figure 2.11 as guidance.
The process between the inlet and throat is assumed to be isentropic and
no total pressure loss occurs. Only the impeller blade speed accounts for the
total enthalpy rise and pressure diﬀerence. Similar to the inlet, the relative
throat velocity (Wth) is determined iteratively using Equation (2.2.5) (by sub-
stituting V with Wth) whilst accounting for throat aerodynamic blockage or
contraction due to the sudden change in area between the inlet and throat.
This contraction ratio is deﬁned in Equation (2.2.11) and implemented by
replacing A with AthCr in Equation (2.2.5).
Cr =
√
A1 sin β1
Ath
Cr ≤ 1−
(
A1 sin β1
Ath
− 1
)2
(2.2.11)
The throat absolute velocity (Cth) is then determined with the help of
Figure 2.8 and the static properties can be determined using Equations (2.2.6)
to (2.2.9). The iterated throat density (ρth) is calculated using the perfect
gas equation (Equation (A.1.1)) and the iteration process is repeated until ρth
converges.
The tip conditions have to be estimated for the ﬁrst iteration. This can
be done by using ηTT and PRTT (if available) to iteratively determine the
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tip air density (ρ2) after using the total conditions to calculate an initial ρ2
and tip speciﬁc heat (Cp,2). Similar to the inlet and throat, the absolute
meridional velocity (Cm,2) can be calculated using the conservation of mass
equation provided in Equation (2.2.5). The area used is A2 as calculated in
Equation (2.2.3).
The tip relative ﬂow angle (α′2) can initially be estimated equal to the
blade angle (β2) and from Figure 2.10 the other velocity components follow.
To determine the static temperature (T2), the absolute total enthalpy (ht,2)
must ﬁrst be calculated using Equation (2.2.6) after which Equation (2.2.7) is
used to determine the static enthalpy (h2). From Equation (2.2.6) again, T2 is
calculated.
The tip static pressure (p2) can then be determined using the isentropic
relations for a perfect gas supplied in Equation (2.2.8). With an iterated
p2 and T2, an iterated ρ2 can be calculated using the perfect gas equation
(Equation (A.1.1)) and the process repeated until ρ2 converges. This then
serves as an initial estimate of the tip conditions for the impeller analysis.
At this point of the calculation, the necessary inlet and throat properties
are known and a good estimate of the tip properties has been determined.
The following steps are to determine ht,2 and p′t,2. A summary of the following
discussion regarding the impeller analysis as a whole is shown in Figure 2.12
in the form of a Mollier chart.
The total work input coeﬃcient on the mean stream surface (I) is the
impeller work expressed in dimensionless form and can be expanded as shown
in Equation (2.2.12). These work coeﬃcients respectively account for work
done by the blade (IB), windage and friction work on the impeller disk (IDF ),
work due to leakage between the blade passages through the clearance gap
(IL) and then work done on ﬂow recirculating back into the impeller tip (IR).
The work coeﬃcients are discussed in Appendix B.1.
I = (ht,2 − ht,1) /U22
= IB + IDF + IL + IR (2.2.12)
As previously mentioned, two complimentary paths are used to determine
the tip conditions. The ﬁrst path computes the tip temperatures. When I
is known, an iterated ht,2 can be calculate from ht,1 using Equation (2.2.12).
Using Equations (2.2.7) and (2.2.10), h2 and h′t,2 can be calculated. An iterated
T2 is then computed from h2 using Equation (2.2.6).
The next complimentary path is to determine the actual p′t,2 using the
calculated total pressure loss as shown in Equation (2.2.13) (Aungier, 2000).
p′t,2 = p
′
t,2,ideal − fc
(
p′t,1 − p1
)∑
i
ωi (2.2.13)
The ideal relative total conditions (p′t,2,ideal and T ′t,2,ideal) follow from rothalpy
being conserved in the rotating frame of reference. From Equations (2.2.9)
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Figure 2.12: Impeller inlet to tip Mollier chart.
and (2.2.10) a deﬁnition for the relative velocities and total enthalpy at the
inlet is provided in Equation (2.2.14) (Aungier, 2000).
h′t,1 = ht,1 − U1CU,1 + U21/2
= R1 + U
2
1/2 (2.2.14)
Due to the rothalpy being conserved in the rotating frame of reference, the
ideal relative total enthalpy at the impeller tip (h′t,2,ideal) can be calculated
from Equation (2.2.15) (Aungier, 2000), which is then assumed equal to the
actual relative total enthalpy at the impeller tip (h′t,2). With h′t,2,ideal known,
the ideal or isentropic tip relative total conditions can be determined using
Equation (2.2.8) with the inlet as reference.
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h′t,2,ideal = h
′
t,1 +
(
U22 − U21
)
/2
= R1 + U
2
2/2
= h′t,2 (2.2.15)
The correction factor (fc) used in Equation (2.2.13) is deﬁned in Equa-
tion (2.2.16). Aungier (2000) notes that without fc, the prediction accuracy
will vary with the stage pressure ratio and thus would limit the range of va-
lidity. This is only found in the impeller analysis since the total pressure loss
is invariant throughout stationary components.
fc =
ρ′t,2T
′
t,2
ρ′t,1T
′
t,1
(2.2.16)
The pressure loss coeﬃcients (ωi) used in Equation (2.2.13) are discussed
in Appendix B.1. With the sum of ωi known, p′t,2 is calculated from Equa-
tion (2.2.13). From the iterated T2 and Equation (2.2.8), an iterated p2 and
pt,2 are calculated with the tip relative total conditions as reference.
With new values for p2 and T2 known, a new ρ2 is calculated using the
perfect gas equation in Equation (A.1.1). A new Cm,2 is computed using
conservation of mass (Equation (2.2.5)) and the absolute tangential velocity
(CU,2) follows from Equation (2.2.17) (Aungier, 2000). The iterated velocity
components and angles then follow from Figure 2.10.
CU,2 = IBU2 + U1CU,1/U2 (2.2.17)
The impeller analysis is then repeated until ρ2 converges, after which the
analysis moves on to the vaneless annular passage.
2.2.3 Vaneless Annular Passage Performance
Examples of vaneless annular passages in centrifugal compressors are vaneless
diﬀusers, crossover bends and inlet passages. It is also used to connect two
components in the stage, such as the impeller tip and vaned diﬀuser inlet. The
last-mentioned example is found in the centrifugal compressor studies of this
thesis. The analysis procedure presented here follows from Aungier (2000),
which is based on the work by Aungier (1993).
The vaneless annular passage is discretised into control volumes and the
passage solved using a marching method. This implies that no outlet bound-
ary conditions are required and each control volume (CV) is iterated until a
convergence criterion is met before moving on to the next CV. The approach is
that of a conventional 1-D analysis which includes wall friction forces, such as
suggested by Johnston and Dean (1966). Figure 2.13 provides the dimensions
of a CV in the vaneless annular passage. Curvature of the passage is accounted
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 2. LITERATURE STUDY 18
Figure 2.13: Vaneless annular passage control volume geometry.
for by using the curvature term (κm) deﬁned in Equation (B.1.29) (Aungier,
2000).
The diﬀusion process along the passage is governed by 1.) the conservation
of angular momentum and 2.) the ﬂow area increasing due to an increase in
radius (Sayers, 1990). It is assumed to be adiabatic, hence the total enthalpy
remains constant, and not isentropic due to friction forces accounting for a
drop in total pressure. This is summarised in Figure 2.14 in the form of a
Mollier chart with the impeller tip and vaned diﬀuser inlet as reference.
Aungier (2000) provides Equations (2.2.18) to (2.2.20) and a repetition
of Equation (2.2.7) as governing equations for 1-D ﬂow in a vaneless annular
passage which includes wall friction forces. These equations are presented in
discretised form, where j is the current computing station. The last two terms
of Equation (2.2.20) address losses due to ﬂow diﬀusion and passage curvature
respectively.
2pirj+1ρj+1bj+1Cm,j+1 (1−Bj+1) = m˙ (2.2.18)
bjCm,j
∆(rCU)j
∆mj
= −rjCjCU,jcf,j (2.2.19)
1
ρj
∆pj
∆mj
=
C2U,j sinαC,j
rj
− Cm,j∆Cm,j
∆mj
− CjCm,jcf,j
bj
− ∆ID,j
∆mj
− IC,j (2.2.20)
An upwind diﬀerencing scheme is used where the CV inlet thermodynamic
conditions are implemented to determine the density and friction coeﬃcient.
This is also the scheme used by Johnston and Dean (1966). The working ﬂuid
is again assumed to be a perfect gas.
Boundary conditions include the inlet thermodynamic conditions and ve-
locity components as well as the boundary layer thickness. In the validation
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Figure 2.14: Vaneless annular passage Mollier chart.
studies these properties followed from the impeller or vaned diﬀuser analysis,
depending on which components were being evaluated. In the event of an
impeller or vaned diﬀuser found upstream of the analysis, the inlet boundary
layer thickness (δ2 keeping with the convention in Figure 2.14) can be calcu-
lated using the simple ﬂat plate theory provided in Equation (A.4.1). Averages
of the impeller inlet and tip or vaned diﬀuser inlet and discharge are used to
determine δ2. Aungier (2000) provides further empirical equations to determine
δ2 for other implementations of the analysis.
Aungier (2000) models diﬀusion losses using diﬀuser analogies by Reneau
et al. (1967). This analogy identiﬁes a low loss regime when the divergence
parameter, Dj, is less than a certain value, Dm,j. The analogies of Dj and Dm,j
implemented by Aungier (2000) are provided in Equations (2.2.21) and (2.2.22).
Dj = − bj
Cj
∆Cj
∆mj
(2.2.21)
Dm,j = 0.4 (b2/L2,3)
0.35 sinαj (2.2.22)
Aungier (2000) notes that the ﬂow angle term in Equation (2.2.22) is an
empirical factor derived from comparisons of more than 35 compressor stage
tests. An empirical diﬀusion eﬃciency model was formulated from this same
comparison and is provided in Equation (2.2.23).
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Ej = 1 if Dj ≤ 0
Ej = 1− 0.2 (Dj/Dm,j)2 if 0 < Dj < Dm,j
Ej = 0.8
√
Dm,j/Dj if Dj ≥ Dm,j (2.2.23)
The streamwise diﬀusion loss term implemented by Aungier (2000) is then
provided in Equation (2.2.24).
∆ID,j
∆mj
= −2 (pt,j − pj) (1− Ej) 1
ρjCj
∆Cj
∆mj
(2.2.24)
In addition to this term, higher losses can be caused by an excessive merid-
ional gradient of the passage area. To check for this situation, a diﬀuser
analogy is again used at each computing station and Aungier (2000) estimates
the maximum, stall-free, local area by using Equation (2.2.25). The equation
is relative to the vaneless annular passage inlet, the impeller tip (station 2) in
this example.
(rb)m,j = (rb)2 [1 + 0.16mj/b2] (2.2.25)
This is the equivalent of a diﬀuser divergence angle (2θC) of 9◦ and if the
local area exceeds this value, a second estimate of the diﬀusion loss term is
determined by Equation (2.2.26) (Aungier, 2000).
ID,j = 0.65 (pt,j − pj)
[
1− (rb)m,j / (rb)j
]
/ρj (2.2.26)
If the value obtained by Equation (2.2.26) exceeds the value obtained by
integrating Equation (2.2.20), it replaces the last-mentioned discretised value.
To implement this in dicretised form at a speciﬁc computing station, the val-
ues obtained from Equation (2.2.24) of all the preceding and current control
volumes are summed to
∑
j ∆ID,j. If the value from Equation (2.2.26) exceeds∑
j ∆ID,j, a new value for ∆ID,j is determined using Equation (2.2.27), which
then replaces the current CV value.
∆ID,j = ID,j −
∑
j
∆ID,j (2.2.27)
To account for losses due to passage curvature, Aungier (2000) provides
Equation (2.2.28). This equation was also empiricaly developed from compar-
isons of 35 diﬀerent compressor stage tests. Aungier (2000) mentions that it
has negligable eﬀect on vaneless diﬀusor performance but is always signiﬁcant
for crossover bends, if not sometimes dominant.
IC,j = κm,j (pt,j − pj)Cm,j/ (13ρjCj) (2.2.28)
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The boundary layer thickness (δj) will inﬂuence the meridional velocity
in the passage (Cm,j) and an area blockage factor (Bj) is used to determine
its eﬀect. Aungier (2000) proposes the use of a simple boundary layer growth
model based on the 1/7th power law for the boundary layer velocity proﬁles to
determine Bj and the skin friction coeﬃcient (cf,j). The power law is shown
in Equation (2.2.29) where the subscript e designates a value at the boundary
layer edge.
Cm,j = Cm,e,j (y/δj)
1/7
CU,j = CU,e,j (y/δj)
1/7 (2.2.29)
If δj is known and both layers are identical, integrating accross the passage
using conservation of mass ﬂow yields an expression for Bj as a function of
2δj/bj as shown in Equation (2.2.30) (Aungier, 2000).
∫ b
0
ρjCm,jdy = ρjbjCm,e,j (1−Bj)
Bj = 2δj/ (8bj) (2.2.30)
When applying this integration approach for angular momentum ﬂux, the
result in Equation (2.2.31) is found by Aungier (2000). This will determine an
average angular momentum ﬂux.
∫ b
0
rjρjCm,jCU,jdy = rjρjbjCm,e,jCU,e,j [1− 2δj/ (4.5bj)] (2.2.31)
Noting that Equation (2.2.30) includes Bj, one can use it to determine
Cm,e,j. Through Equations (2.2.30) and (2.2.31) it can be shown that the
predicted angular momentum and the boundary layer edge value are related
by Equation (2.2.32) (Aungier, 2000).
(rCU)j = (rCU,e)j [1− 2δj/ (4.5bj)] (2.2.32)
If δ2 is known, Equation (2.2.32) can be used to determine CU,e,2 from
(rCU)2 and r2. From CU,e,2 and r2, (rCU,e)2 is computed which is conserved
until the boundary layer ﬁlls the passage, i.e. when 2δj = bj.
As the anlysis progresses along the passage, a new locally predicted (rCU)j+1
can be determined using Equation (2.2.19). With this (rCU)j+1 and the known
(rCU,e)2, Equation (2.2.32) is used to compute the CV exit boundary layer
thickness (δj+1) and blockage factor (Bj+1). Hence, if δ2 is known, Equa-
tions (2.2.30) and (2.2.32) provide a means for computing the boundary layer
growth through yielding local values δj+1 and Bj+1.
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Aungier (2000) notes that a high degree of accuracy for δ2 is not required
and that the previously mentioned simple ﬂat plate boundary layer thickness
estimate provided in Equation (A.4.1) is suﬃcient. The inﬂuence of δj is
primarily on the local friction factor (cf,j) which is computed using the pipe
friction model described in Appendix A.3 with the pipe diameter replaced by
2δj. The eﬀect is most noticeable when 2δj/bj is rather small, as found in
compressors with very high ﬂow coeﬃcients (Aungier, 2000).
Cm,j+1 is calculated using the known value for Bj+1 and Equation (2.2.18).
Implementing the mentioned relations, the CV outlet static pressure (pj+1)
is determined using Equation (2.2.20). The static temperature (Tj+1) follows
from the enthalpy-velocity relations supplied in Equation (2.2.6) and (2.2.7).
From this a new CV outlet density (ρj+1) is calculated using the perfect gas
equation supplied in Appendix A.1. The process is then repeated until ρj+1
converges before moving onto the next CV.
2.2.4 Vaned Diﬀuser Performance
The vaned diﬀuser performance analysis by Aungier (2000) is similar in con-
cept to the impeller analysis. Originally the 1-D analysis was for conventional
thin-vaned or airfoil style vaned diﬀusers (Aungier, 1990), but a modiﬁed form
by Aungier (2000) is presented in this thesis. The analysis has been generalised
for application on vaned diﬀusers with non-parallel end walls and thick vanes.
Even though the generalisation is simple in approach, Aungier (2000) empha-
sises that the analysis procedure has only been validated against experiments
of thin-vaned and parallel-walled diﬀusers, but reasonable results have been
obtained during occasional use for vane-island diﬀusers.
Two vaned diﬀusers were investigated in this thesis, one is found in the
Radiver test case and the other in the DEEP prototype. The Radiver has a
wedge-type vaned diﬀuser and thus the analysis procedure by Aungier (2000)
has not been veriﬁed for this type of geometry. The DEEP prototype's vaned
diﬀuser implements a Concepts ETI patented ﬂat plate proﬁle and is thus
ideal for analysis by the presented analysis procedure. To agree with the
terminology used in this thesis, the geometry presented in Figure 2.15 is for a
wedge-type vaned diﬀuser.
As with the impeller performance analysis, ﬂow calculations are performed
along a mean stream surface at the vaned diﬀuser inlet, throat and discharge.
The inlet thermodynamic conditions, mass ﬂow rate and velocity components
are supplied by a performance analysis upstream of the vaned diﬀuser. All of
the required geometry is supplied and the working ﬂuid is again assumed to be
a perfect gas. No energy addition is performed due to the absence of rotating
blades and the process is assumed to be adiabatic, hence the total enthalpy
remains constant throughout the vaned diﬀuser.
Solving the discharge conditions is an iterative process where loss coeﬃ-
cients are determined along the mean stream surface. The loss coeﬃcients
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Figure 2.15: Vaned diﬀuser geometry in the r-Z and r-θ planes.
Figure 2.16: Vaned diﬀuser inlet and throat geometry and velocity triangle.
are summed and then used to determine the discharge total pressure from the
inlet total and static pressure. An isentropic process is assumed between the
inlet and throat and thus the throat static thermodynamic properties and ab-
solute velocity can be determined iteratively, similar to the impeller, before
proceeding with the performance analysis.
The vaned diﬀuser inlet and throat geometry and inlet velocity triangle is
shown in Figure 2.16. Due to the inlet conditions being dependent on the mass
ﬂow rate and impeller speed, the inlet ﬂow angle will not necessarily coincide
with the vaned diﬀuser inlet blade angle. The inlet area (A3) is calculated
using Equation (2.2.33).
A3 = 2pir3b3 (2.2.33)
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By assuming that the progression from inlet to throat is isentropic and that
the overall process is adiabatic, the throat total pressure is equal to that of
the inlet. Thus the total conditions for the inlet and throat are the same. To
iteratively solve the throat static conditions and absolute velocity, the throat
density (ρth) is initially assumed identical to the inlet value. The throat ab-
solute velocity (Cth) is determined using conservation of mass, as shown in
Equation (2.2.5) by substituting V with Cth.
The sudden change in ﬂow area is again accounted for as found in the im-
peller analysis by using a contraction ratio, shown in Equation (2.2.34) (Aungier,
2000). This contraction ratio is implemented by correcting A to CrAth in Equa-
tion (2.2.5). To determine the throat area (Ath), the same detailed method
provided by Aungier (2000) in Section 7.6 of his book is implemented.
Cr =
√
A3 sin β3
Ath
Cr ≤ 1−
(
A3 sin β3
Ath
− 1
)2
(2.2.34)
With the constant throat total enthalpy (ht,th) and iterated Cth known,
the static temperature (Tth) is determined using Equations (2.2.6) and (2.2.7).
Using the isentropic relation in Equation (2.2.8) with the total throat condi-
tions as reference, the throat static pressure (pth) is determined. From the
perfect gas equation in Appendix A.1, an iterated ρth is calculated. The pro-
cess is then repeated until ρth converges before moving on to the performance
analysis.
The vaned diﬀuser discharge geometry and velocity diagram is shown in
Figure 2.17. The discharge area (A4) is determined similar to the impeller's
tip area and the implemented deﬁnition is shown in Equation (2.2.35). As can
be seen, thick vanes at the discharge can have a noticeable eﬀect on the value
of A4.
A4 = 2pir4b4 − zDtb,4b4 (2.2.35)
The static discharge conditions need to be determined iteratively and for
the ﬁrst iteration, the static temperature and pressure must be estimated to de-
termine an initial discharge density. The discharge total enthalpy (ht,4) remains
constant and the total pressure is determined using Equation (2.2.36) (Aungier,
2000). The discharge absolute meridional velocity (Cm,4) is calculated from
conservation of mass using Equation (2.2.5) with Cm,4 instead of V and A4 as
the area.
pt,4 = pt,3 − (pt,3 − p3)
∑
i
ωi (2.2.36)
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Figure 2.17: Vaned diﬀuser tip geometry.
The discharge ﬂow angle (α4) is determined using axial-ﬂow compressor
correlations which Aungier (2000) transformed to the radial plane. The deﬁ-
nition is supplied in Equation (2.2.37).
α4 = β4 − δ∗ − ∂δ
∂i
(β3 − α3) (2.2.37)
With α4 known, the absolute discharge velocity (C4) follows from Fig-
ure 2.17. Using the relations in Equations (2.2.6) and (2.2.7), the discharge
static temperature (T4) is determined. Using the isentropic relation from Equa-
tion (2.2.8), the discharge static pressure (p4) is calculated with the discharge
total properties as reference. From the perfect gas equation provided in Equa-
tion (A.1.1), the iterated value of ρ4 is determined. The process is then re-
peated until Cm,4 converges.
To summarise the above discussion, the vaned diﬀuser Mollier chart is
supplied in Figure 2.18. The required loss coeﬃcients and variables for Equa-
tions (2.2.36) and (2.2.37) are provided in Appendix B.2.
2.3 CFD Modelling using FINE/Turbo
To support the 1-D model, the thesis included the use of 3-D Computational
Fluid Dynamic (CFD) software. CFD software packages typically divide the
computational environment into three distinctive programs:
 The pre-processor program where the operating ﬂuid volume around the
physical geometry of the model (also known as the domain) is divided
up into ﬁnite volumes (also known as meshed).
 The solver program where the solving algorithm is conﬁgured to solve
the set of discretised equations of the selected ﬂow ﬁeld and turbulence
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 2. LITERATURE STUDY 26
Figure 2.18: Vaned diﬀuser Mollier chart.
Figure 2.19: The FINE/Turbo environment.
model (an approximation of the Reynolds stresses in the Navier-Stokes
equation) with boundary conditions.
 The post-processor program where the solved ﬂow domain's results are
evaluated and presented.
The FINE/Turbo commercial CFD package from NUMECA International
(Intl.) was used. The package is primarily aimed at automating the meshing,
solving and post-processing of turbomachinery applications in a CFD environ-
ment, as Figure 2.19 shows.
During solving, the program Monitor can be used to monitor the residual
error of the properties relevant to the model and in doing so the user can
determine whether numerical convergence has been achieved. The package can
be extended to include Design3D with AutoBlade for 3-D turbomachinery
geometry design and generation. Two versions of FINE/Turbo were used
during the thesis, v8.4-3 and v8.7-2.
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Figure 2.20: Screenshot of IGG.
2.3.1 Overview of the CFD Environment
This section is an overview of the capabilities of the software package.
IGG (Interactive Grid Generator) is a general meshing utility, render-
ing structured hexahedral grids with multiple blocks around 2-D and 3-D ge-
ometries using an advanced graphical user interface (GUI). The program is
supported by interactive 3-D geometry generation capabilities, which proved
useful when obtaining 1-D geometry information of the thesis compressors for
use in the 1-D theory of Aungier (2000). The resulting mesh is contained in
the CGNS format for use by FINE/Turbo. A screenshot of IGG is provided
in Figure 2.20, which shows part of the process of obtaining the Radiver test
case 1-D geometry with the throat indicated in yellow.
AutoGrid5 (AutomatedGridGenerator for Turbomachinery) is designed
for automatic meshing of centrifugal and axial turbomachinery components to
produce high quality, complex, structured hexahedral grids. An older variant
of the program, AutoGrid4, is still being maintained. Amongst AutoGrid5's
features are facilities for splitter blades, hub and shroud clearance gaps and
blade ﬁllet radii. Geometry can be supplied in the .geomTurbo format or im-
ported using speciﬁc computer model formats such as the IGES format. Three
blade meshing topologies are available to generate grids for turbomachinery
components, namely the default (O4H), HOH and H&I topologies. The O4H
topology is aimed at fully automatic meshing for all kinds of turbomachin-
ery, whilst the HOH and H&I topologies produce high quality grids but are
not suitable for all applications (AutoGrid5 Manual, 2010). To minimise
the mesh size and reduce computation time, a single blade passage is meshed
and rotational periodic boundary conditions are imposed by AutoGrid5 by
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 2. LITERATURE STUDY 28
Figure 2.21: Screenshot of AutoGrid5.
default. The number of rotational periodic meshes can be increased to obtain
a full compressor mesh. The resulting mesh is also contained in the CGNS
format. A screenshot of AutoGrid5 is supplied in Figure 2.21, showing part
of the meshing procedure of the DEEP prototype.
FINE/Turbo (Flow Integrated Environment) serves as 1.) a GUI for
setup of the NUMECA Intl. solver, EURANUS and 2.) a project manage-
ment utility for diﬀerent solver setups. EURANUS is tailored to accommo-
date rotating components in both steady and unsteady ﬂow models. A project
can be deﬁned in FINE/Turbo, which is coupled to a speciﬁc IGG or Au-
toGrid5 CGNS model. Multiple computations can then be deﬁned within
the project to facilitate diﬀerent solver setups with the same geometry. To
illustrate this, a screenshot of the project used for the Eckardt O-Rotor with
a linear shroud is shown in Figure 2.22.
CFView (Computational Field Visualization system) is designed to visu-
ally evaluate the ﬂow properties of the solved discretised domain, supporting
both structured and unstructured grids. Outputs of the program are exten-
sive, with representations of local values, scalar plots, vector plots and stream-
lines to name a few. Features include terminology relevant to turbomachinery
analysis. A screenshot of the relative velocity magnitude in the impeller and
absolute velocity magnitude in the diﬀuser of the DEEP prototype at 50%
span is shown in Figure 2.23.
2.3.2 Turbulence Models
Three mathematical models are available in FINE/Turbo to model the ﬂow
state in the discretised domain (FINE/Turbo Manual, 2010):
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Figure 2.22: Screenshot of FINE/Turbo.
Figure 2.23: Screenshot of CFView.
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 The Euler model, which performs an inviscid calculation where all of the
solid walls are considered to be zero shear walls and the non-zero velocity
is tangential to the wall. This is due to the assumption that ﬂuid slip
occurs at the wall boundary.
 The Laminar Navier-Stokes equation, which only aﬀects the thermody-
namic properties of the ﬂuid and does not contain a turbulent eddy
viscosity model. Thus the laminar kinematic viscosity is used.
 The Turbulent Navier-Stokes equation, of which a turbulence model has
to be chosen to determine the Reynolds stresses in the Navier-Stokes
equation.
Several turbulence models are available for use (FINE/Turbo Theoretical
Manual, 2010), i.e. the algebraic model by Baldwin and Lomax (1978), the
1-equation model by Spalart and Allmaras (1992), a total of six 2-equation
models and also a 4-equation model using a code-friendly variant of the v2-f
model described by Lien and Kalitzen (2001).
Four of the 2-equation models are variants of the k-² model, namely the:
 Low Reynolds number k-² model by Chien (1982).
 Standard high Reynolds number k-² model by Launder and Spalding
(1974) with extended wall functions.
 Low Reynolds number k-² model by Launder and Sharma (1974).
 Low Reynolds number k-² model by Yang and Shih (1993).
The other two 2-equation models are variants of the k-ω model, of which
one is the standard variant by Wilcox (1988) and Wilcox (1993). The other
model addresses the sensitivity to the small free stream value of ω of the orig-
inal model by implementing a Shear Stress Transport (SST) model proposed
by Menter (1994), namely the k-ω SST model.
To determine how well the turbulence model approximates the bound-
ary layer properties at solid surfaces, the y+ parameter can by computed by
FINE/Turbo. This y+ parameter is deﬁned in Equation (2.3.1) and the ac-
companying friction velocity (v∗) in Equation (2.3.2) (FINE/Turbo Manual,
2010).
y+ =
ρv∗ywall
µ
(2.3.1)
v∗ =
√
1/2V 2refcf (2.3.2)
y+ values provide a measure of how well the speciﬁc turbulence model
predicts the gradients in the boundary layer, speciﬁcally the viscous sub-layer.
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Figure 2.24: Approximation of the boundary layer proﬁles (White, 2006).
The viscous sub-layer is where y+ ≤ 5 in Figure 2.24 (White, 2006), but the
acceptable range of y+ values depends on the turbulence model used.
To actively inﬂuence the y+ value, the size of the ﬁrst CV at the solid
wall surface (ywall) can be changed as seen in Equation (2.3.1). Thus it is
advisable to evaluate the y+ values on all of the surfaces after a computation
to determine if the grid is suﬃciently deﬁned at the solid wall. The medium
velocity also inﬂuences the y+ value, with an increase in velocity resulting in
an increase in y+ value. Thus when evaluating the y+ value for a speciﬁc mesh
and range of mass ﬂow rates, the highest mass ﬂow rate must be investigated.
Adjustments to the wall cell height can then be made accordingly.
Two turbulence models were investigated, namely the 1-equation model
by Spalart and Allmaras (1992) (subsequently referenced as S-A) and the
standard k-² with extended wall function model by Launder and Spalding
(1974) (subsequently referenced as k-²). This was done to justify the decision
on using a single turbulence model during the rest of the thesis. The models
were applied to identical meshes of the Eckardt O-Rotor (with a hyperbolic
shroud) and the computation performance and accuracy was observed.
NUMECA Intl. documentation (FINE/Turbo Manual, 2010) suggests
an acceptable y+ value range for both the S-A and k-² models of 1 ≤ y+ ≤
10. The default INEWKE expert parameter of 10 has to be chosen during
the EURANUS solver setup for the k-² model. This is to enable a mesh
independent formulation of the wall functions, which results in an acceptable
y+ value range of 1 ≤ y+ ≤ 10 for the k-² model (FINE/Turbo Manual,
2010). Some overshoot can be expected on surfaces where a high degree of
separation is possible, such as the impeller tip.
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Figure 2.25: Total-to-total pressure ratio of the Eckardt O-Rotor using diﬀer-
ent turbulence models.
Satisfactory convergence using the k-² model was achieved after roughly
28.5 h and 5600 iterations. For the S-A model, convergence was achieved after
roughly 14 h and 5590 iterations, hence, solving the domain faster. The k-²
model also showed roughly twice the memory usage of the S-A model during
computation. The two remaining test mass ﬂow rates of the Eckardt O-Rotor
were then solved by both turbulence models. As shown in Appendix E, the
single mesh provided satisfactory y+ values for both turbulence models.
A comparison of the mass ﬂow rate and total-to-total pressure ratio results
are shown in Figure 2.25. The mass ﬂow rate versus total-to-total eﬃciency
results are shown in Figure 2.26.
Similar diﬀerences in convergence times and memory usage were observed
for the higher and lower mass ﬂow rates. From Figures 2.25 and 2.26, the
reader can observe that the diﬀerence in results of both models are minimal.
Comparisons of in-depth ﬂow-ﬁeld solutions were not performed as overall
performance and basic ﬂow indications were the primary objective.
Due to the good accuracy, quicker solving time and reduced memory re-
quirements of the Spalart-Allmaras model, the author chose to use it for the
remainder of the thesis. Taking the recommended range of y+ values for the
S-A model into account, the author aimed to achieve y+ values of less than six
for the thesis compressors.
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Figure 2.26: Total-to-total eﬃciency of the Eckardt O-Rotor using diﬀerent
turbulence models.
2.3.3 Mesh Quality and Grid Convergence
AutoGrid5 includes parameters to assess the quality of the grid during blade-
to-blade (B2B) generation at the current hub-to-shroud streamline, hence in a
2-D plane. The same quality parameters are available once the 3-D mesh has
been generated. Three parameters were identiﬁed to be suﬃciently indicative
of the mesh quality, namely the orthogonality, aspect ratio and expansion ratio.
The orthogonality is deﬁned by the smallest angle between edges in the
control volume (CV), thus the smaller the angle, the sharper the corner of
the CV and the lower the quality of the grid. The aspect ratio is deﬁned by
the fraction of the longest average of opposing edges over the shortest average
of opposing edges of the CV. This is illustrated in Figure 2.27 (AutoGrid5
Manual, 2010). Thus, a higher aspect ratio indicates a longer, narrower CV,
which is undesired.
The expansion ratio involves two adjacent CVs in 3-D. It is a measure of
the size variation between the two CVs and is direction dependent. This deﬁ-
nition is illustrated in Figure 2.28 (AutoGrid5 Manual, 2010). Lower values
are preferred, as this implies a steady growth of the CVs in the particular
direction.
The author attempted to achieve a grid orthogonality higher than 34° at the
hub, with 24° considered acceptable at the shroud. Aspect ratios lower than
2200 and expansion ratios lower than 2.2 were the objective. If the mentioned
objectives could not be met, the number of CVs over or under the respective
objective were minimised as best possible. This resulted in high quality meshes
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Figure 2.27: Aspect ratio deﬁnition of the control volume (AutoGrid5 Man-
ual, 2010).
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Figure 2.28: Expansion ratio deﬁnition of the control volume (AutoGrid5
Manual, 2010).
with a large number of control volumes.
The term grid convergence is often noted in the CFD environment to
access the quality of the solution. The argument is that the solution is depen-
dent, amongst others, on the total number of CVs in the grid. As the number
of CVs increase for subsequent grids of the same geometry, the error relative
to the previous grid reduces to the point where an increase in CVs does not
translate in suﬃciently better accuracy. Thus convergence of the number of
CVs in the grid has been achieved.
During the thesis, the meshes routinely contained more than 1 million CVs
for the impeller and nearly 1 million CVs for the diﬀuser section. This was after
conﬁguring the meshing parameters to achieve a high quality mesh. Thus the
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 2. LITERATURE STUDY 35
aim wasn't to create a grid with a suﬃcient number of CVs, but to primarily
create a high quality mesh.
2.3.4 The Reynolds Number Eﬀect
Through similarity relations, a researcher can perform tests on a centrifugal
compressor at certain inlet conditions, but then scale the results to diﬀerent
inlet conditions. This is commonly done, as was evident in the Eckardt O-
Rotor and Radiver test cases. The researchers involved in both these cases
provide equations to scale the results appropriately and the commonly aﬀected
values are the mass ﬂow rate, impeller rotation speed and the static and total
pressures and temperatures. The boundary layer thickness is typically not
scaled.
Scaling the values introduces what is referred to as the Reynolds Number
eﬀect by Ziegler et al. (2003c). Due to the mass ﬂow rate (hence the Reynolds
number as well) changing, the skin friction coeﬃcient will change according
to the model supplied in Appendix A.3. With a change in cf , the boundary
layer thickness will be aﬀected as seen in Equation (A.4.1). Thus a change in
Reynolds number will result in a change in relative boundary layer thickness
and hence a change in eﬀective ﬂow area.
Analysis models actively implementing the boundary layer will report dif-
ferent results, even if scaled, when presented with scaled inlet conditions. This
is true in the CFD environment where the viscous sub-layer is solved by the
turbulence model. Thus CFD simulation results are especially prone to the
Reynolds number eﬀect.
To prevent this, Ziegler et al. (2003c) provide the unscaled measured data
and recommends the use thereof for CFD simulations instead of the scaled
values. It is generally good practice to use measured results where available
instead of scaled values.
2.3.5 Stable Simulations
Solving the Radiver and DEEP prototype models with FINE/Turbo pre-
sented unstable simulations, i.e. negative pressures were routinely calculated
by the solver and would lead to the solver stopping. The main reason was
due to ﬂow re-entering at the outlet boundary with the preliminary meshes.
For the Radiver test case, the re-entering was caused by the thick vaned dif-
fuser blades introducing separation at the trailing edge and subsequent eddies
propagating to the outlet boundary.
Similarly, the observed separation over the larger part of the vane of the
DEEP prototype vaned diﬀuser was not fully recovered before reaching the
outlet boundary, thus recirculating ﬂow was still present at the outlet.
It was decided to lengthen the outlet with a vaneless annular passage and
then pinch (narrow) the outlet to constrict the ﬂow. The length of additional
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 2. LITERATURE STUDY 36
Figure 2.29: Pinching of the DEEP prototype outlet in AutoGrid5.
vaneless space ideally needs to be the radial length of the vaned diﬀuser sec-
tion (downstream of the last measuring station) and the pinching has to be
performed symmetrically from both the hub and shroud surfaces. This is illus-
trated at the top of Figure 2.29, which shows pinching of the DEEP prototype.
By lengthening the outlet, the ﬂow has time to recover before reaching
the outlet boundary. The pinching process accelerates the ﬂow leading to a
higher velocity gradient and reducing the chances of recirculation. However,
the pinching must not be applied too aggressively, as deﬁning the ﬂow area
too small could lead to higher Mach numbers and subsequent supersonic ﬂow.
The vaneless annular passage must also not be too long as this will increase the
total number of grid points and will lead to a longer solving time and larger
solution ﬁles size.
Pinching the ﬂow suﬃciently downstream of the last measuring station
does not inﬂuence the results as this resembles throttling the ﬂow, similar to
constricting the ﬂow during experimental testing with a valve. By inserting a
cutting plane in CFView at the intended measuring station, the values can
be observed on the newly created plane. If a range of mass ﬂow rates are
solved, a compressor curve can be compiled by averaging the values on the
cutting plane for each computation.
Stellenbosch University  http://scholar.sun.ac.za
Chapter 3
Validation of 1-D Theory and
FINE/Turbo
Due to a lack of reliable geometric data of the GE 7S1408 A1 compressor
impeller, it was not possible to model the compressor stage with conﬁdence
and the need arose to illustrate the proﬁciency of the 1-D theory MATLAB®
code and 3-D modelling capabilities of FINE/Turbo. The result is a valida-
tion study using two well-known centrifugal compressor cases, namely the O-
Rotor by Eckardt (1975, 1976, 1980) and Eckardt and Trültzsch (1977) and the
Radiver open CFD test case by Ziegler et al. (2003c, 2003a, 2003b) and Ziegler
et al. (2004).
This section discusses the various parameters considered during selection of
the test cases. Summaries of the required geometry and operating conditions
for 1-D and 3-D modelling are supplied for each test case. In conclusion, the
results obtained by the 1-D and 3-D models are supplied and discussed.
The focus was on performance prediction (pressure ratios, ﬂow angle etc.)
using area and time averaged values, as the 1-D modelling method by nature
cannot provide pressure distributions from hub to shroud for instance.
3.1 Justiﬁcation of Validation Study Cases
This subsection provides an overview of the two test cases with comparisons
to the two compressors (GE 7S1408 A1 and DEEP prototype) relevant to
this thesis. More detailed information on the compressors are supplied in the
following subsections.
To ensure that the results of the case studies were applicable to the inves-
tigation project, certain criteria were identiﬁed and needed to be adhered to.
These were:
 It must be a well known study with published results.
37
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 It must have been previously used for validation studies or investigated
by the turbomachinery community.
 The geometry and operating conditions must be similar to the GE 7S1408
A1 and DEEP prototype compressors.
 The geometric data and operating conditions must be obtainable.
Eckardt analysed three diﬀerent centrifugal impellers with vaneless dif-
fusers. These impellers are known as the following:
 The O-Rotor [Eckardt (1975), Eckardt (1976) and Eckardt and Trültzsch
(1977)] with radial blades, β2 = 90°.
 The A-Rotor [Eckardt and Trültzsch (1977) and Eckardt (1980)] with
backswept blades of β2 = 60°.
 The B-Rotor [Eckardt and Trültzsch (1977) and Eckardt (1980)] with
backswept blades of β2 = 50°.
The ﬁrst test case was designated to be the O-Rotor. The O-Rotor utilises a
single, radial impeller with vaneless diﬀuser (linearly tapered or hyperbolically
contoured shroud). The impeller is an early design and implements circular
arcs for hub and shroud contours and an ellipsoidal camberline curve. Dif-
ﬁculties in obtaining reliable geometrical information of the A- and B-Rotor
discouraged their use for validation purposes.
The second test case was identiﬁed as the Radiver open CFD test by Ziegler
et al. (2003c), which studied the inﬂuence of the impeller-diﬀuser gap on com-
pressor performance. This compressor implements a back-swept impeller with
a parallel-walled, wedge-type diﬀuser and is of a more modern and complex
design than the O-Rotor, hence providing an adequate range in complexity for
modelling between the two cases.
To compare the operating ranges of the O-Rotor and GE 7S1408 A1 com-
pressor, refer to Table 3.1. Similarly, to compare the Radiver and DEEP
prototype, refer to Table 3.2.
The O-Rotor was chosen due to similarities to the GE 7S1408 A1 impeller.
This included similar operating conditions and near identical impeller tip ge-
ometry, with both having radial ending blades and similar channel heights at
Table 3.1: Operating range comparison of the O-Rotor and GE 7S1408 A1
compressor [Eckardt (1975), Japikse and Baines (1997) and Van der Spuy
(2003)].
Compressor Nmax (RPM) PRTT,max ηTT,max (%) m˙max (kg/s)
O-Rotor 18 000 3.1 0.9 8.0
GE 7S1408 A1 19 000 to 20 000 2.7 to 2.8 ±0.76 3.8
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Table 3.2: Overall performance comparison between the Radiver and DEEP
prototype [Ziegler et al. (2003c) and Van der Spuy (2003)].
Compressor Nmax (RPM) PRTT,max ηTT,max (%) m˙max (kg/s)
Radiver test case 35 200 4.07 0.834 2.5
DEEP prototype 19 200 3.25 0.78 4.7
the tip. The O-Rotor has a larger inlet area due to the smaller hub radius and
resulting larger channel height, which in part accounts for the higher maximum
mass ﬂow rate with similar maximum rotational speeds. The O-Rotor utilises
a vaneless diﬀuser only, with the GE 7S1408 A1 compressor implementing a
logarithmic spiral type diﬀuser.
Testing procedures and results of the O-Rotor have been widely used for
turbomachinery validation and comparison purposes, both in the CFD [Rulth
and Kelecy (2004), Anderson (2009)] and literature environment [Japikse and
Baines (1997), Qiu et al. (2007) and Anderson (2009)]. Concepts NREC's
interest in the O-Rotor also lead to a 3-D model being supplied in a tutorial
for CCAD® users. This model was used to deﬁne the geometry used in the
validation study.
Few comparisons between the DEEP prototype and Eckardt's O-Rotor can
be drawn, but the shortfalls are overcome with the Radiver test case. Even
though the Radiver impeller is smaller than the two project compressors, it is
applicable to the DEEP prototype due to the backswept blades at the impeller
tip and inclusion of a vaned diﬀuser. The amount of backsweep of the Radiver
places the DEEP prototype impeller tip's geometry between the radial blades
of the O-Rotor and the backswept blades of the Radiver.
The wedge type diﬀuser implemented by the Radiver is relevant to the
thesis as Concepts NREC suggested this type of diﬀuser for the DEEP pro-
totype (Van der Spuy, 2003). The vaned diﬀuser theory by Aungier (2000) was
originally intended for thin-vaned or airfoil diﬀusers (Aungier, 1990) and has
been adapted for use on thick or wedge type vanes. If adequate correlations
between the Radiver 1-D and experimental results are found, it will thus also
illustrate robustness of the 1-D theory.
From a CFD point of view, the separation caused (hence with high turbu-
lence level) by the Radiver diﬀuser's thick vanes at the discharge presents a
challenge to the numerical solver. Thus, the much thinner vanes of the DEEP
prototype will prove to be relatively simple to model once the 1-D and 3-D
modelling methods have been veriﬁed.
Information on the Radiver is easy to obtain since Ziegler et al. (2003c)
compiled a CD-ROM containing both steady and unsteady experimental re-
sults, the compressor geometry, ﬁgures, animations and supplementary infor-
mation. This CD-ROM can be obtained by contacting the original authors.
No case could be obtained which implemented splitter blades in the im-
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peller (the DEEP prototype includes splitter blades) and which also satisﬁed
the decision criteria for the test cases. Krain and Eckardt (1978) and sub-
sequently Krain (1981) performed tests on a variation of the O-Rotor which
consisted of a similar impeller geometry. The impeller included splitter blades
with 24 blades in total, compared to 20 of the O-Rotor. The impeller stage
was followed by a wedge-type vaned (15 vanes in total) diﬀuser of ﬂat-plate
design and has since been known as the Krain diﬀuser stage.
Krain (1981) does not supply suﬃcient geometrical information and a copy
of Krain and Eckardt (1978) could not be procured, thus no veriﬁable geometry
and operating conditions for the Krain diﬀuser could be obtained. Hence, the
Krain diﬀuser was not used for validation purposes. But the theory of Aungier
(2000) includes alterations for modelling a splitter blade impeller and the mesh-
ing capabilities of AutoGrid5 accommodates splitter blades in the impeller
design.
3.2 The Eckardt O-Rotor
This section provides the required geometry and operating conditions of the
Eckardt O-Rotor to perform the 1-D and 3-D test case analysis, followed by a
discussion on the 1-D and 3-D results.
3.2.1 Geometric Information and Operating Conditions
A photo of the O-Rotor is shown in Figure 3.1 and Figure 3.2 shows a merid-
ional view of the compressor, detailing the measurement stations.
Insuﬃcient geometrical information is supplied by Eckardt (1975, 1976)
to compile the 3-D blade geometry from literature alone, but the software
package CCAD® by NREC includes a demonstration ﬁle of the O-Rotor
in a tutorial. The CCAD® model's hub and shroud contours (from impeller
inlet to tip) as well as the blade stream surface coordinates can be exported,
which were used to compile the project .geomTurbo ﬁle. The validity of the
model is supported by the use of Concepts NREC's software by other authors
(Japikse and Baines (1997), Anderson (2009), Dubitsky and Japikse (2008)
and Japikse and Oliphant (2005)). The original 3-D model was altered to
include a bulb inlet and vaneless diﬀuser, of which the outlet was lengthened
and pinched. AutoGrid5 v8.4-3 meshing results are shown in Appendix C.1
and the resulting domain contained 1 366 070 grid points.
Eckardt (1976) describes the relation of the diﬀuser shroud contour and
ﬂow area as follows: the attached vaneless diﬀuser has constant ﬂow area up
to r/r2 = 2 and Eckardt (1980) describes the geometry as having a vaneless
constant-area diﬀuser up to r/r2 = 2. To obtain a constant ﬂow area, the
shroud requires a hyperbolic curved proﬁle, assuming the hub proﬁle has a
constant axial coordinate starting at the impeller tip. This is shown in Equa-
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Figure 3.1: Eckardt's O-Rotor (Japikse and Baines, 1997).
Figure 3.2: Original meridional view of the O-Rotor (Eckardt, 1975).
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Figure 3.3: O-Rotor hyperbolic diﬀuser shroud sketch.
Figure 3.4: Additional O-Rotor meridional view (Japikse and Baines, 1997).
tion (3.2.1), which is accompanied by Figure 3.3. A hyperbola is characterised
by the equation xy = k with k > 0 and k a constant (Stewart, 2003), or in
this case ribi = k.
Flow Area = b2 (2pir2) = bi (2piri)
⇒ ribi = r2b2
= constant (r2 and b2 are constants) (3.2.1)
The written literature conﬂicts with the sketches available, such as found
upon closer inspection of Figure 3.2 where the shroud seems to be linear.
Another example of the meridional view by Japikse and Baines (1997) is shown
in Figure 3.4, which refers to the diﬀuser shroud contour as having a linear
taper. This is repeated by Japikse and Baines (1998).
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Thus, the author found a contradicting deﬁnition of the shroud contour. No
clariﬁcation could be found in the literature between ﬁgures and information
supplied in the text describing the shroud contour, thus the author chose to
use both cases.
Not all of the geometric information required for 1-D modelling was sup-
plied by the available publications, such as the clearance width of the labyrinth
seal between the impeller disk and casing or the blade thickness distribution.
The labyrinth seal clearance width was chosen to be identical to the shroud
clearance gap and the impeller inlet and tip blade thickness was extracted from
the 3-D model using IGG. The throat area, streamline curvature and blade
mean streamline and camberline lengths were calculated using IGG and the
method described in Section 7.6 by Aungier (2000).
The ﬁxed throttle ring depicted in Figure 3.2 at r/r2 = 1.9 was installed
to control the choke limit of the compressor and prevent the exit ﬂow from
disturbing the axisymmetric impeller ﬂow pattern according to Eckardt (1975,
1976). No further geometric information is supplied in any of the subsequent
publications, other than the replacement of the ﬁxed throttle ring with an
axially traversable throttle ring according to Eckardt (1980). The closest mea-
surements were taken upstream at station 4, thus the ring was excluded in the
1-D and 3-D models.
Further geometrical information regarding the impeller required for 1-D
modelling is supplied in Table 3.3, which includes information of the GE 7S1408
A1 compressor for comparison. Due to the O-Rotor having a vaneless diﬀuser,
no direct comparison can be made between the O-Rotor and GE 7S1408 A1
compressor other than the diﬀuser outlet diameter being similar at r2 = 0.4m.
A compressor performance curve atN = 14 000RPM is provided by Eckardt
(1975) and three (M1, M2 and M3) speciﬁc test points are supplied, shown in
Table 3.4. These points were used during the validation process. The perfor-
mance curve by Eckardt (1975) speciﬁes that the total-to-total conditions are
taken from the inlet (station 0) to a radius ratio of r/r2 = 1.69 (station 4).
Eckardt (1975) used the total inlet and outlet temperatures and pressures
to calculate the total-to-total isentropic eﬃciency as shown in Equation (3.2.2).
ηTT,0−4 = Tt,0
(pt,4/pt,0)
(γ−1)/γ − 1
(Tt,4 − Tt,0) (3.2.2)
As shown in Table 3.4, correction factors are used to adapt the rota-
tional speed and mass ﬂow rate. These factors are coupled to standard at-
mospheric conditions for scaling due to diﬀerent inlet conditions as shown in
Equation (3.2.3).
δ = pt/101 325Pa for pressure
θ = Tt/288.1K for temperature (3.2.3)
No explicit inlet operating conditions are speciﬁed in the available publica-
tions. By choosing the inlet conditions as the indicated atmospheric properties
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Table 3.3: Impeller geometry of the O-Rotor and GE 7S1408 A1 compressor
[Japikse and Baines (1997) and Van der Spuy (2003)].
O-Rotor GE 7S1408 A1
Inlet r1,h (mm) 45 58
b1 (mm) 95 62.6
r1 (mm) 103.99 94.6
β1,h 57.12° 45.7°
β1 33.83° 38.6°
β1,s 26.75° 33.1°
αC,1 1.68°
κm,1 (rad/m) -2.49
tb,1 (mm) 2.11 2
z1 20 20
Throat Ath (mm2) 32.0801× 103
rth (mm) 103.99
βth 39.76°
perith (m) 4.422
Tip r2 (mm) 200 195
b2 (mm) 26 20
β2 89.78° 90°
αC,2 86.15°
tb,2 (mm) 1.08 4
z2 20 20
Overall LB (mm) 202.26
LFB (mm) 171.26
sCL and sD (mm) 0.372
Table 3.4: O-Rotor compressor performance test points Eckardt (1975).
Test point N/
√
θ (RPM) m˙
√
θ/δ (kg/s) PRTT,0−4 ηTT,0−4 (%)
M1 14 000 6.09 2.061 86.8
M2 14 000 5.31 2.094 88.0
M3 14 000 4.53 2.086 86.5
(pt,0 = 101 325Pa and Tt,0 = 288.1K), the correction factors reduce to 1. Thus,
the rotational speed and mass ﬂow rate values in Table 3.4 do not need to be
corrected.
The results can be inﬂuenced by the Reynolds number eﬀect (discussed
in Section 2.3.4). To investigate the sensitivity, the 3-D simulations for the
operating point, M2, were run at diﬀerent inlet conditions and the values scaled
accordingly. After considering the test setup information (open circuit with a
straight axial inlet pipe) supplied by Eckardt (1976), the inlet conditions were
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chosen as pt,0 = 95 000Pa and Tt,0 = 290K. The scaled rotational speed and
mass ﬂow rate equate to 14 046.1RPM and 4.962 kg/s respectively. Results
of these simulations, which were rescaled for comparison, are supplied and
referenced with an asterisk (∗) in Section 3.2.2.
3.2.2 Modelling Results and Discussion
Due to the nature of the project, only averaged or 1-D results were needed
from the simulations for veriﬁcation. These are ﬂow angles, pressures and
temperatures, such as the information in Table 3.4. The testing method im-
plemented by Eckardt for the 1-D and 2-D measurements resemble an area
averaged technique, thus area averaging was implemented in CFView.
Both the linear and hyperbolic diﬀuser shroud cases were investigated
and the hyperbolic results showed better correlation with the experimental
data, both in overall performance and averaged values in the diﬀuser. This
scenario is also the best representation of the description given in the text
by Eckardt (1975, 1976 and 1980). Due to this, only the results of the hyper-
bolic case are shown in the main section of the thesis. Modelling results of the
linear case are supplied in Appendix F for comparison.
The 1-D model CV radial length for the vaneless annular passage can be
set by the user. In accordance with the grid convergence approach, the CV
length was decreased until the change in end result relative to the previous
CV length was acceptable. With a decrease in CV length, the number of
iterations per CV decreases. The result was a CV length of 10 µm, leading to
20 000 grid points along the length of the vaneless diﬀuser.
The three speciﬁc test results provided by Eckardt (1975) (Table 3.4) are
evaluated ﬁrst. Refer to Figures 3.5 and 3.6 for the hyperbolic contoured
total-to-total pressure ratio (PRTT ) and total-to-total eﬃciency (ηTT ) curves.
As can be seen, the 1-D results show better correlation close to the choke
margin, with the largest error near the stall margin. The diﬀerence in PRTT
at 4.53 kg/s is 0.14 and 5.48% for ηTT . The 3-D results show better correlation
close to the stall and choke margins, but at 5.31 kg/s the diﬀerence in PRTT
is 0.043 and in ηTT it is 1.99%.
The results of the Reynolds number eﬀect investigation show very little
diﬀerence to the results of the simulation performed at standard inlet condi-
tions. Thus, any error introduced by performing the simulations at standard
inlet conditions is considered negligible and it is assumed that the Reynolds
number eﬀect only becomes signiﬁcant when the tested inlet conditions diﬀer
considerably from standard inlet conditions. Instead of assuming inlet condi-
tions substantially diﬀerent from standard inlet conditions, the standard inlet
conditions were used for the investigation.
Japikse and Baines (1997) provide impeller tip results at 5.31 kg/s and
14 000RPM, which originate from the studies by Eckardt (1980). These results
are supplied in Table 3.5 and the errors (provided in brackets) for all three
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Figure 3.5: Total-to-total pressure ratios of the O-Rotor with a hyperbolic
shroud at 14 000RPM (Eckardt, 1975).
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Figure 3.6: Total-to-total eﬃciencies of the O-Rotor with a hyperbolic shroud
at 14 000RPM (Eckardt, 1975).
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Table 3.5: O-Rotor impeller tip conditions at 5.31 kg/s and
14 000RPM (Japikse and Baines, 1997).
3-DExp. 1-D Linear Hyperbolic
Tt,2 (K) 363.5 363.0 (0.14%) 366.6 (−0.85%) 366.5 (−0.82%)
pt,2 (kPa) 220.5 219.6 (0.4%) 219.7 (0.35%) 219.6 (0.43%)
p2 (kPa) 144.7 149.1 (−3.01%) 145.7 (−0.68%) 145.6 (−0.64%)
α2 23.7° 21.94° (1.76°) 21.93° (1.77°) 21.98° (1.72°)
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Figure 3.7: Pressures along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 14 000RPM and 5.31 kg/s (Dubitsky and Japikse, 2008).
measurements are small, with the 1-D analysis performing as good as the 3-D
model. Due to the 1-D code addressing the impeller and diﬀuser separately, the
1-D impeller results for the linear tapered and hyperbolic contoured shroud are
identical. Area-averaged values of the 3-D results were evaluated at a radius
ratio (r/r2) of 1.005 to avoid the metal face of the impeller tip. This equates
to an acceptable 1 mm diﬀerence in the radial direction.
For veriﬁcation of the ﬂow angle and pressure recovery predictions, results
of the O-Rotor diﬀuser were investigated. Results at 14 000RPM from studies
by Eckardt and Trültzsch (1977) were obtained through the publication by Du-
bitsky and Japikse (2008) and a comparison of the hyperbolically contoured
shroud's modelling results in the diﬀuser are shown in Figures 3.7 and 3.8.
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Figure 3.8: Flow angles along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 14 000RPM and 5.31 kg/s (Dubitsky and Japikse, 2008).
The 1-D model results underestimate both the total (pt) and static (p) pres-
sure trends, with pt showing better correlation with the experimental results.
The largest error in 1-D results of pt is 4.64% (9.76 kPa) at a radius ratio (r/r2)
of 1.6875 and the largest error in p is 5.08% (8.97 kPa) at r/r2 = 1.4375. Cor-
relation of the 3-D model p results with the experimental results are good, with
the largest error of 0.35% (1.4 kPa) at r/r2 = 1.4375. Even though the trend
of the 3-D model pt curve correlates well with the experimental results, it is
underestimated, with the largest error being 1.38% (3.05 kPa) at r/r2 = 1.075.
This is still regarded as good.
Flow angle (α) predictions for both the 1-D and 3-D models are regarded as
good, particularly in the area of interest, namely at r/r2 ≈ 1.1. Vaned diﬀuser
design guidelines by Aungier (2000) recommends 1.06 ≤ r3/r2 ≤ 1.12 with a
vane incidence angle (i3 = β3 − α3) at the compressor design point of around
−1°. The diﬀerence for the 1-D results at r/r2 = 1.075 is 0.26°, increasing
to −0.68° at r/r2 = 1.1875. The error in 3-D results at r/r2 = 1.075 is
0.45°, reducing to 0.07° at r/r2 = 1.1875, thus being an order less than the
recommended incidence angle.
Test results of the O-Rotor at 12 000RPM by Eckardt and Trültzsch (1977)
were obtained through Japikse and Oliphant (2005). Diﬀuser modelling results
at the known mass ﬂow rate of 3.86 kg/s for the hyperbolic shroud are supplied
in Figures 3.9 and 3.10.
The 1-D pressure results show poorer correlation at the lower mass ﬂow rate
and RPM, with the largest error in pt of 4.59% (8.17 kPa) at r/r2 = 1.4375.
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Figure 3.9: Pressures along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 12 000RPM and 3.86 kg/s (Dubitsky and Japikse, 2008).
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Figure 3.10: Flow angles along the diﬀuser of the O-Rotor with a hyperbolic
shroud at 12 000RPM and 3.86 kg/s (Dubitsky and Japikse, 2008).
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The error in p is 4.68% (7.44 kPa) at r/r2 = 1.6875. The 3-D results still show
good correlation with the experimental results with pt following the experi-
mental trend with a smaller maximum error than found in Figure 3.7, being
0.74% (1.35 kPa) at r/r2 = 1.075. The error in p is −1.07% (−1.49 kPa) at
r/r2 = 1.075. The ﬂow angle predictions for both the 1-D and 3-D models show
good correlation with the experimental results, with diﬀerences of −0.007° and
0.387° at r/r2 = 1.075 for the 1-D and 3-D models respectively.
The 1-D analysis at 14 000RPM predicts impeller blade stall occurring from
4.53 kg/s to 5.31 kg/s and inducer stall from 4.53 kg/s to 4.962 kg/s. Impeller
blade stall is mainly evaluated at the impeller tip by Aungier (2000) and can
be expected when Deq > 2 according to Equation (B.1.25). Visually this is
associated with ﬂow re-entering the impeller at the tip. The 1-D prediction was
investigated for the hyperbolic shroud case in CFView and the occurrence
of blade stall is evident as shown in Figure 3.11. The ﬁgure contains plots of
relative velocity stream lines at the impeller tip.
Recirculation at the tip is shown in Figure 3.11a where the 1-D code pre-
dicted Deq = 2.206, diminishing to the conditions shown in Figure 3.11b where
Deq = 2.015. The 1-D code predicted Deq = 1.846 at a mass ﬂow rate of
6.09 kg/s where a small amount of recirculation is still visible.
3.3 The Radiver Test Case
Following the O-Rotor investigation and the absence of reliable Krain diﬀuser
information, an additional similar case with more complex geometry was in-
vestigated, namely the Radiver open CFD test case.
Ziegler et al. (2003c) recognised the lack of knowledge on the inﬂuence of
interaction between an impeller and diﬀuser. The result was a study on a
back-swept centrifugal compressor impeller (supplied by MTU Aero Engines)
with a ﬂat (parallel hub and shroud walls), wedge-type vaned diﬀuser (designed
by Rothstein (1993)). A photo of the Radiver compressor without the shroud
is shown in Figure 3.12.
In conclusion of the project, Ziegler et al. (2003b) mention the challenge in
predicting the ﬂow in the diﬀuser channel whilst focussing on the sensitivity
of the radial gap. For this reason, Ziegler et al. (2003c) published the steady
and unsteady experimental results as an open CFD test case with the name
Radiver. A licensed test case CD-ROM containing compressor geometry,
ﬁgures, animations and supplementary information is available upon request
from the original authors. A two-part ASME publication is also available
[Ziegler et al. (2003a) and Ziegler et al. (2003b)].
No extensive information regarding the test setup and compressor geometry
of the Radiver test case is supplied in this thesis, other than what is needed
for the 1-D analysis. Additional information can be found on the Radiver
CD-ROM.
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(a) m˙ = 4.53 kg/s with Deq = 2.206 > 2.
(b) m˙ = 5.31 kg/s with Deq = 2.015 > 2. (c) m˙ = 6.09 kg/s with Deq = 1.846 < 2.
Figure 3.11: Recirculation at O-Rotor tip at 14 000RPM and 50% span.
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Figure 3.12: The Radiver compressor stage (Ziegler et al., 2003c).
3.3.1 Geometric Information and Operating Conditions
The diﬀuser vanes were independently adjustable regarding the vane angle
and the radial gap between the impeller tip and vane leading edge. Ziegler
et al. (2003c) placed emphasis on investigating the radial gap to determine
the impeller-diﬀuser interaction intensity.
Results for steady state probe measurements and detailed time resolving
laser-2-focus (L2F) measurements are provided by Ziegler et al. (2003a) and
Ziegler et al. (2003b) respectively. The probe measurements were conducted
with a vaneless diﬀuser (with cylindrical spacers in the place of the diﬀuser
vane adjustment mechanism) and with the diﬀuser vanes at two diﬀerent vane
angles, each combined with a selection of radial gaps.
The thick black lines in Figures 3.13 and 3.14 show where the measurements
were taken in the meridional view and along the diﬀuser respectively. Ziegler
(2003) recommend using measuring plane 7M for comparisons with CFD re-
sults due to low Mach numbers with possible backﬂow regions in the wake of
the thick diﬀuser vane trailing edges at measuring plane 8M. Another recom-
mendation, regarding the L2F measurements, is to be careful when comparing
the results on the 5M plane with the CFD results. Reﬂection of the laser light
from the rear wall and vane surfaces was experienced and the results were
therefore not of the same quality as the 2M', 2M and 4M plane measurements.
According to Ziegler (2003), the ﬂow angles reported for the 2M plane
(α2M) using the probe measurements and measured mass ﬂow rate in the ﬂow
nozzle are about 2° more tangential than the values of the averaged L2F mea-
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Figure 3.13: Measurement planes of the Radiver compressor in the meridional
view (Ziegler et al., 2003c).
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Figure 3.14: Measurement planes of the Radiver compressor along the dif-
fuser (Ziegler et al., 2003c).
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Table 3.6: Test summary of the Radiver test case (Ziegler, 2003).
Probes Compressor Dye
β3 r3/r2 2M 7M 8M L2F map injection
19.8075°
1.04 x x x x 60− 100% x
1.06 x x 80%
1.10 x x 80%
1.14 x x x 60− 100% x
1.18 x x 80%
15.8075°
1.06 x x 80%
1.10 x x 80%
1.14 x x 80%
1.18 x x 80%
Vaneless x x x 60− 100% x
surements. This was due to the integration method implemented for estimation
by the probe measurements. But Ziegler (2003) note this diﬀerence to be quite
small and that the values measured by the L2F may be used for CFD ﬂow ﬁeld
comparison and the probe measurements for comparison of the ﬂow angles in
diﬀerent operating points. Thus when comparing averaged α2M results, the
probe measurements may be used by taking the 2° diﬀerence into account.
Ziegler et al. (2003a) did not perform all of the measurements for all of
the vane angles and radial gap conﬁgurations, but Ziegler (2003) supplied the
summary of the test programme shown in Table 3.6. The vane angles were
originally measured between the suction surface and tangent of the vane, but
keeping with the convention of this thesis, the representative vane leading edge
camberline angle (β3) is supplied.
The decision to only investigate one vane angle (β3 = 19.8075°) and radial
gap (r3/r2 = 1.14) was based on the available experimental data. A larger vane
angle was preferred as this would ensure a higher quality 3-D mesh with respect
to cell orthogonality. Therefore, for a vane angle of β3 = 19.8075°, extensive
data is provided for two radial gap measurements, namely r3/r2 = 1.04 and
r3/r2 = 1.14. The smaller gap of r3/r2 = 1.04 equates to r3 − r2 = 5.4mm,
compared to r3 − r2 = 18.9mm for a ratio of r3/r2 = 1.14. Ziegler (2003)
recommend that both radial gaps be used for CFD investigation.
When attempting to model such a small gap (5.4mm) using FINE/Turbo,
the manual (FINE/Turbo Manual, 2010) suggests using the Non Reﬂecting
1D approach for the rotor-stator (R-S) interface. This is not an ideal solution
as it cannot be used when the ﬂow perpendicular to the interface is super-
sonic (FINE/Turbo Manual, 2010), which might have been the case with the
DEEP prototype.
Although the β3 = 19.8075° and r3/r2 = 1.14 combination does not include
steady probe measurements at 2M, the only other available radial gap was
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r3/r2 = 1.18, which provides much less experimental data. Steady probe
measurements for r3/r2 = 1.18 at 2M can be used for comparison, keeping
in mind that the 1-D theory uses a marching method in solving the vaneless
annular passage, thus 1-D results are not inﬂuenced by the radial gap. The
chosen radial gap of r3 − r2 = 18.9mm is also similar to the 19mm of the
DEEP prototype.
Grid convergence for the radial length of the 1-D vaneless annular passage
analysis again indicated that a CV length of 10 µm in both vaneless passages
showed little diﬀerence compared to smaller CV lengths.
The 3-D hub, shroud and blade geometry was supplied on the test case
CD-ROM in a text ﬁle with 11 spanwise sections. The bell-mouth inlet and
volute sections were not modelled and the outlet was lengthened and pinched.
Meshing results using AutoGrid5 v8.7-2 can be viewed in Appendix C.2.
The resulting mesh contained 2 204 864 grid points of which 997 865 grid points
were in the impeller and 1 206 999 grid points were in the diﬀuser section. Even
though the data set of β3 = 19.8075° and r3/r2 = 1.14 was chosen to avoid
using the Non Reﬂecting 1D approach at the R-S interface, convergence
diﬃculties were experienced using other R-S interface approaches. Thus the
Non Reﬂecting 1D R-S interface was used and the results were inspected for
supersonic ﬂow at the R-S interface. The absolute and relative Mach numbers
were below unity.
The information needed for 1-D modelling of the Radiver test case is sup-
plied in Tables 3.7 and 3.8. The vaned diﬀuser throat area (Ath) is 4.405× 103
mm2, the perimeter (perith) is 1.304m, the throat width (hth) is 17.25mm, the
vane length (LB) is 183.69mm and the diﬀuser contained 23 vanes (zD).
Ziegler et al. (2003c) tested the compressor in a closed loop system which
allowed for a variation in inlet pressure and temperature. Air was used as ﬂow
medium. Ziegler (2003) provide observations and recommendations for a CFD
analysis of the test case, of which one is that the inlet pressure and temperature
during testing was lower than the standard inlet conditions of TINA = 288.15K
and pINA = 1.013 bar. The results were scaled, similar to the O-Rotor, from
the measured Tt,1 ≈ 296K and pt,1 ≈ 0.6 bar to the standard inlet conditions.
More exact values are provided in the L2F data sets included in the Radiver
CD-ROM, but Ziegler (2003) recommend using the above mentioned values
consistently for all calculations.
These lower values should also be used as proposed by Ziegler (2003) to ac-
count for the Reynolds number eﬀect discussed in Section 2.3.4. All modelling
results should then be scaled using Equations (3.3.1) to (3.3.5) (Ziegler et al.,
2003c) as the same was done for the experimental results. No correction needs
to be applied for the values of Ma, α, s, Cp and κ.
pt,corr = pt
pINA
pt,1
and pcorr = p
pINA
pt,1
for pressure (3.3.1)
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Table 3.7: Impeller geometry of the Radiver test case (Ziegler et al., 2003c).
Inlet Throat Tip
rh (mm) 30
b (mm) 42.9 11.1
r (mm) 55.74 55.74 135
βh 62.42°
β 41.36° 50.04° 53.36°
βs 33.85°
αC 2.46° 88.28°
κm (rad/m) 6.22
tb (mm) 0.92 1.68
A (mm2) 9.4372× 103
peri (m) 1.701
z 15 15
Overall
LB (mm) 139.19
LFB (mm) 122.77
sCL and sD (mm) 0.585
Table 3.8: Vaned diﬀuser geometry of the Radiver test case (Ziegler et al.,
2003c).
r (mm) b (mm) β tb (mm)
Inlet 135 11.1 19.97° 0.45
Discharge 277.62 11.1 58.35° 24.69
Tt,corr = Tt
TINA
Tt,1
and Tcorr = T
TINA
Tt,1
for temperature (3.3.2)
ρcorr = ρ
pINA
pt,1
Tt,1
TINA
for density (3.3.3)
Ccorr = C
√
TINA
Tt,1
for velocity (3.3.4)
ht,corr = ht
TINA
Tt,1
and hcorr = h
TINA
Tt,1
for enthalpy (3.3.5)
With a deviation in inlet conditions, the mass ﬂow rate and rotational speed
need to be scaled as well using Equations (3.3.6) and (3.3.7) (Ziegler et al.,
2003c). According to Ziegler et al. (2003c), the corrected rotational speed
(ωcorr) is always in relation to the maximum test speed (ωmax = 35 200RPM)
in the form ωcorr/ωmax.
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m˙corr = m˙
pINA
pt,1
√
Tt,1
TINA
for mass ﬂow (3.3.6)
ωcorr = ω
√
TINA
Tt,1
for rotational speed (3.3.7)
With the inlet conditions ﬁxed, Ziegler (2003) recommend a rotational
speed of 80% of the maximum tested speed, i.e. ωcorr/ωmax = 0.8. Most of the
measurements were conducted at this speed and after scaling this equates to
ω = 28 541RPM.
The measured mass ﬂow rates and impeller rotational speed was used
for the 1-D analysis. The 3-D modelled corrected mass ﬂow rate range was
1.763 kg/s ≤ m˙corr ≤ 2.1626 kg/s and this was obtained by imposing the static
pressure on the outlet in the range of 118 kPa ≤ p ≤ 155 kPa. Convergence
diﬃculties were experienced in the 3-D model when imposing the mass ﬂow
rate. This could be attributed to the occurrence of separation on the diﬀuser
vane trailing edge, even though the outlet was pinched.
3.3.2 Modelling Results and Discussion
Ziegler et al. (2003c) report m˙corr = 1.822 kg/s (point P1) as the best op-
erating point of the compressor, but notes that it is close to the observed
stall limit. The choke limit is reached at m˙corr = 2.164 kg/s (point S2). The
static-to-static pressure ratio of the diﬀuser stage (PRSS,2M−7M) is shown in
Figure 3.15 and the compressor total-to-total eﬃciency (ηTT,1M−8M) is shown
in Figure 3.16. The calculation of ηTT,1M−8M is identical to that of Equa-
tion (3.2.2) (Eckardt, 1975).
The 1-D results for PRSS,2M−7M show good agreement closer to S2, but
a plateau is reached from P1 up to ±2 kg/s. At P1, the error in the 1-D
result is 3.78% which is regarded as good despite the plateau. 3-D results for
PRSS,2M−7M show good agreement with the experimental results, following
the trend well. Underestimation of results for a greater part of the curve is
found and the error in the 3-D results at P1 is 0.49%.
Both the 1-D and 3-D results for ηTT,1M−8M show good correlation with the
experimental results. The 1-D results diverge less than the 3-D results at point
S2, with the 3-D results following the experimental trend better than the 1-D
results. At P1, the 1-D model underestimates ηTT,1M−8M by 1.72% and the
3-D model overestimates ηTT,1M−8M by 0.69%. With close correlation in the
region P1 . m˙corr . 1.95 kg/s, divergence closer to S2 is of lesser importance.
Static pressure results at measuring plane 2M (p2M) are given in Fig-
ure 3.17. Both the 1-D and 3-D models show fair agreement with the ex-
perimental results, with the 3-D predictions following the experimental trend
well. The 1-D model has a smaller error at P1 of 1.2% (2.35 kPa) than the 3-D
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Figure 3.15: Diﬀuser static-to-static pressure ratio of the Radiver test
case (Ziegler et al., 2003c).
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Figure 3.16: Compressor total-to-total eﬃciency of the Radiver test
case (Ziegler et al., 2003c).
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Figure 3.17: Static pressure at 2M of the Radiver test case (Ziegler et al.,
2003c).
model, which has an error of 2.56% (4.99 kPa). Both models diverge closer to
point S2 where the error in the 1-D result is 5.2% (9.34 kPa) and the error in
the 3-D result is 4.47% (8.02 kPa).
Even though Ziegler et al. (2003c) did not take total pressure measure-
ments at measurement plane 2M (pt,2M) for β3 = 19.8075° and r3/r2 = 1.14,
probe measurements were taken for r3/r2 = 1.04 and 1.18. Due to the 1-D
theory using a marching step method in the vaneless annular passage analy-
sis, the value of r3/r2 does not play a role when considering upstream results.
Thus, comments can be made regarding results for pt,2M , which are shown in
Figure 3.18.
Both the 1-D and 3-D results show close correlation with the experimental
results. The 3-D model results follow the experimental trend well and the
1-D model results show better agreement with a small divergence closer to the
choke limit. The error in 1-D results when compared to the averaged results
for r3/r2 = 1.04 and 1.18 at P1 is 0.398% (1.14 kPa) and the error in 3-D
results is 1.72% (4.92 kPa).
Similar to the pt,2M measurements, Ziegler et al. (2003c) did not take ab-
solute ﬂow angle measurements at measurement plane 2M (α2M) for β3 =
19.8075° and r3/r2 = 1.14, but for r3/r2 = 1.04 and 1.18. Due to the marching
step method of the 1-D theory, comments can also be made of results for α2M ,
which are shown in Figure 3.19.
Results for r3/r2 = 1.04 and 1.18 are near identical, suggesting that the
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Figure 3.18: Total pressure at 2M of the Radiver test case (Ziegler et al.,
2003c).
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Figure 3.19: Flow angle at 2M of the Radiver test case (Ziegler et al., 2003c).
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radius ratio does not inﬂuence upstream results signiﬁcantly. The 3-D model
does seem to provide better results by underestimating with a diﬀerence at
P1 of 0.05° compared to the 1-D model with an overestimated diﬀerence of
1.04° (when compared to the averaged results for r3/r2 = 1.04 and 1.18). But
as previously mentioned, the probe measurement results tended to be more
tangential than the L2F measurements by roughly 2°. Taking this error into
account, the 1-D model provides better results by underestimating with a
diﬀerence of 0.96° compared by the 3-D model underestimating by 1.95°. But
results of both models are considered good.
During meshing of the 3-D model, the R-S interface in AutoGrid5 was
speciﬁed at the radius of measuring plane 2M to simplify post-processing,
as ﬂow conditions at the R-S interface are readily accessible through a text
ﬁle created during simulation. This was not the best solution, due to the
averaging method applied at the R-S interface during simulation having an
inﬂuence on the results. A better solution would be to place the R-S interface
slightly downstream of 2M and creating a cutting plane on the radius of 2M
for averaging.
Absolute Mach number results at measuring plane 7M (Ma7M) are shown in
Figure 3.20. The 1-D model largely underestimates the results over the entire
mass ﬂow rate range and the diﬀerence at P1 is 0.04. The 3-D prediction does
not follow the experimental trend but still provides good correlation, with a
small diﬀerence of 0.01. The diﬀerence in 1-D result at S2 is 0.16, with the
3-D result diﬀerence being 0.03.
The larger error in Ma7M of the 1-D results can be attributed to the vane
discharge thickness playing a too large role in determining the change in ﬂow
area from the vane discharge to the ﬁrst CV of the 1-D vaneless annular passage
theory. With a sudden increase in area, mathematically the meridional velocity
(Cm) decreases just as rapidly. With a decrease in Cm, the absolute velocity
and hence absolute Mach number decreases. But the full ﬂow area is not
utilised in reality, with separation at the discharge decreasing the eﬀective
ﬂow area.
In the vaneless annular passage after the vaned diﬀuser, the 1-D analysis
for S2 shows a sudden decrease in Ma7M from 0.26 to 0.21, a diﬀerence of
0.05, for the ﬁrst CV. If this diﬀerence is added to Figure 3.20, the diﬀerence
in the 1-D result at S2 reduces to 0.11. If the same argument is followed for
P1, the decrease over the ﬁrst CV is 0.03. This decreases the diﬀerence in the
1-D result to 0.01, which is a signiﬁcant improvement.
Total pressure results at measuring station 7M (pt,7M) are shown in Fig-
ure 3.21 and both models show good correlation with the experimental re-
sults. The 1-D model underestimates the experimental result at P1 by 2.62%
(7.08 kPa) and the 3-D model overestimates by 2.48% (6.71 kPa), following
the experimental trend better than the 1-D model.
The 1-D analysis did not report ﬂow abnormalities in the impeller or vane-
less annular passage and this was conﬁrmed by inspection of the 3-D results
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Figure 3.20: Absolute Mach number at 7M of the Radiver test case (Ziegler
et al., 2003c).
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Figure 3.21: Total pressure at 7M of the Radiver test case (Ziegler et al.,
2003c).
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using CFView. Separation in the vaned diﬀuser was predicted for the two
higher mass ﬂow rates, m˙corr = 2.07 kg/s and 2.164 kg/s. Separation is ex-
pected when C4 ≥ CSEP where CSEP is determined in Equation (B.2.19) us-
ing the absolute inlet velocity (C3) and indirectly using the diﬀuser divergence
angle (2θC). Visually this occurrence is represented by a low absolute velocity
region along the diﬀuser vane surface, resulting in a smaller eﬀective ﬂow area.
CFView was used to investigate separation along the diﬀuser vane of
the 3-D model and the results are shown in Figure 3.22. Some separation is
observable in Figure 3.22a (at approximately point P1) and the 1-D analysis
reports absence of separation with CSEP = 84.5m/s and C4 = 76.4m/s. For
Figure 3.22b, the 1-D analysis returned CSEP = 83.88m/s and C4 = 82.6m/s,
which just avoids the separation criterion. This could explain the observation
of the onset of separation along the vane suction surface.
Even though some separation is observable in Figure 3.22a, the thickness of
the separation layer at the vane discharge is smaller than that of Figure 3.22b.
Separation is visible in Figure 3.22c with a signiﬁcant reduction in eﬀective
ﬂow area at the vane discharge, observable with a region of high absolute
velocity magnitude (180m/s < C < 260m/s) on the vane pressure side near
the discharge. Separation at the vane leading edge is also observable. The
1-D analysis returned C4 = 104.13m/s and CSEP was 82.91m/s, which is
signiﬁcantly lower than C4.
3.4 Discussion of the Modelling Methods
The 1-D analysis method consists of three sub-routines, namely one each for
the impeller, vaneless annular passage and the vaned diﬀuser. The analysis
was performed sequentially from impeller inlet to volute inlet and results ob-
tained from downstream components can not aﬀect the upstream component
results using the 1-D approach. The inverse is true, where if erroneous results
were obtained from upstream components, the error is transferred to the sub-
sequent component analysis which then ultimately has a negative impact on
the overall performance prediction results. The 3-D method suﬀers less from
this phenomenon as the entire discretised domain is solved, with adjacent cells
inﬂuencing each other, until satisfactory convergence is achieved.
Both test case compressors can be described as smooth running, with
the exception of impeller blade and inducer stall on the O-Rotor test case
and vane separation occurring in the vaned diﬀuser of the Radiver test case.
Focusing on the impeller 1-D theory, when applied on the O-Rotor test case,
the degree of impeller blade stall was minimal even though it occurred over a
larger portion of the operating range, as depicted in Figure 3.11. The eﬀect of
separation is reﬂected in the overall performance results in Figures 3.5 and 3.6,
where divergence from the experimental results by the 1-D results closer to the
stall limit is observed. In these same ﬁgures, the 3-D model results show good
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(a) m˙corr = ±1.83 kg/s with C4 < CSEP .
(b) m˙corr = ±1.95 kg/s with C4 ≈ CSEP .
(c) m˙corr = ±2.161 kg/s with C4 > CSEP .
Figure 3.22: Absolute velocity magnitude along the Radiver diﬀuser vane at
ωcorr/ωmax = 0.8 and 50% span.
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agreement with the experimental results. Impeller tip 1-D and 3-D results at
the operating point (where minimal impeller blade stall is predicted by the
1-D theory) in Table 3.5 are regarded as very good with a low error.
When the impeller 1-D theory was applied to the Radiver test case, no
ﬂow abnormalities were predicted. The impeller tip 1-D static pressure range
shown in Figure 3.17 shows fair correlation with divergence closer to the choke
limit. The 3-D model results follow the experimental trend better with fair
correlation. Impeller tip total pressure results of both the 1-D and 3-D models
shown in Figure 3.18 indicate good correlation with the experimental results.
Furthermore, 1-D and 3-D impeller tip ﬂow angle results in Figure 3.19 show
good and excellent agreement with the experimental results respectively.
Considering the impeller results obtained for the two test cases, the con-
clusion can be drawn that the 1-D impeller theory provides adequate results
whilst the impeller is in a stable operating environment. Once stall or choke
is predicted, the impeller loss coeﬃcients do not capture the detrimental ef-
fects on performance eﬀectively. In comparison, the 3-D modelling method
provides better correlation with the experimental results in instances where
the 1-D model predicts stall or choke.
Examining results obtained from the 1-D vaneless annular passage theory,
the total and static pressure results obtained for the O-Rotor in Figure 3.7
show a larger error than the 3-D results. Both the 1-D and 3-D theory results
follow the total pressure experimental trend with the 1-D static pressure di-
verging from the experimental results closer to the discharge. This error can
be attributed to the control volume (CV) length used in the 1-D vaneless an-
nular passage theory being too small. No suggestion on a preferred CV length
could be found in the relevant literature [Johnston and Dean (1966), Aungier
(1993) and Aungier (2000)], thus the author chose to decrease the CV length
until the discharge values showed little change compared to the previous CV
length results. This led to a CV length of 10 µm, resulting in 20 000 cells for
the vaneless annular passage in the O-Rotor.
Initial 1-D simulation results of the O-Rotor 1-D vaneless annular passage
with a rough grid, i.e. 10 cells, showed better correlation with the experimental
results. With an increase in the number of CVs, the overall error increased until
grid convergence was achieved. The marching step method can transfer any
inherent error in 1-D results of an upstream CV to a downstream CV. Taking
into account that the original theory by Johnston and Dean was published
in 1966, implemented by Aungier in 1993 and that the theory by Aungier
(2000) was meant to be implemented on a personal computer at the time, a
CV length of 10 µm would be unrealistically small and computationally too
intensive.
The O-Rotor vaneless annular passage 3-D model results showed better
correlation with the experimental results of Figures 3.7 and 3.8. From this
it can be deduced that the 3-D modelling method does not suﬀer from the
same phenomenon of transferring the error downstream as found with the
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1-D vaneless annular passage theory. This can be attributed to the entire
discretised 3-D domain being solved until satisfactory convergence is achieved.
Vaned diﬀuser experimental results are limited to the Radiver test case
only. When the 1-D vaned diﬀuser theory was applied to the Radiver test case,
vaned diﬀuser separation was predicted from m˙corr = 2.07 kg/s to 2.164 kg/s.
The degree of separation is noticeable close to the choke margin according to
the decision criterion, as shown in Figure 3.22. As discussed previously, the
visual 3-D results regarding vane separation correlates with the 1-D theory pre-
dictions. Successful prediction of vaned diﬀuser stall is required to investigate
the DEEP prototype's suspected underperforming diﬀuser.
Conclusions regarding the vaned diﬀuser 1-D theory has to take into ac-
count that errors in upstream results inﬂuence the vaned diﬀuser theory results.
Thus the vaned diﬀuser 1-D results preferably needs to be assessed between
the vane leading edge and discharge. Such an example is the diﬀuser static
pressure ratio shown in Figure 3.15, where the 1-D results show good corre-
lation with the experimental results. Excellent correlation is found closer to
the choke margin where vaned stall is predicted. This is also the region where
the impeller 1-D theory tip static pressure results are observed to diverge from
the experimental results. The 3-D model shows better correlation with the
experimental results than the 1-D theory, but both models perform well.
The Radiver test case includes a second vaneless annular passage after the
vaned diﬀuser. As mentioned previously, the sudden increase in ﬂow area due
to the vane thickness at the discharge is not accounted for by the 1-D theory.
This is represented by the lower absolute Mach number at measurement station
7M shown in Figure 3.20. Total pressure 1-D results in Figure 3.21 show
good correlation with the experimental results, but this can be attributed to
the total pressure mainly being inﬂuenced by friction losses which in turn is
inﬂuenced by the Reynolds number. Thus the 1-D total pressure results are
not inﬂuenced directly by the sudden increase in ﬂow area. The 3-D model
provides similar good results in the vaneless annular passage after the vaned
diﬀuser.
Overall compressor performance results for the Radiver test case are given
in Figure 3.16, which shows the compressor total-to-total eﬃciency. Both the
1-D and 3-D modelling methods provide similarly good results with a deviation
in the impeller 1-D results close to the choke margin being observed.
Taking the preceding discussions into account, the 1-D and 3-D modelling
methods provide good results for the test cases and is ﬁt for investigating
the DEEP prototype. The 1-D theory provides the best results when the
compressor is in a stable operating range, with the 3-D modelling method still
providing good results even if outside the stable operating range. The 1-D
model provides a quick solution, but the results should be investigated once
stall or choke is predicted. The vaneless annular passage 1-D results should
also be investigated if implemented over a long diﬀuser.
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DEEP Prototype Information and
Modelling Results
The prototype compressor developed during the DEEP project is discussed
and analysed in this section. A photo of the manufactured prototype impeller
is shown in Figure 4.1, but a photo of the vaned diﬀuser was not available.
Van der Spuy (2003) designed two prototypes using Concepts NREC's
COMPAL and CCAD software, of which the ﬁrst prototype was sent to
Concepts NREC for review. Technical feedback was to consider a wedge
type diﬀuser, that the impeller exducer was overloaded and the inducer un-
derloaded. Geometric modiﬁcations regarding the blade geometry (introduce
Figure 4.1: The DEEP impeller (Van der Spuy, 2003).
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blade tip backsweep and include blade lean and splitter blades) was proposed
and that the vaneless annular passage be parallel-walled and not diverging. In-
serting a short vaneless annular passage between the vaned diﬀuser and volute
should also be considered.
Taking this advice into account, Van der Spuy (2003) elected to use the
second prototype. The DEEP prototype impeller included splitter blades in
the design and the blades were backswept at the tip. A short, converging (the
hub proﬁle has a constant axial coordinate) vaneless annular passage connected
the impeller tip and vaned diﬀuser inlet. The vaned diﬀuser implemented a
patented Concepts ETI ﬂat plate vane (CETI (FP) 06) and the shroud end-
wall resulted in a diverging vaned diﬀuser up to the vane discharge. A short,
parallel-walled vaneless annular passage connected the vaned diﬀuser discharge
to the existing dual-exit volute, visible in Figure 2.4.
Deviation from the advice provided by Concepts NREC included the dif-
fuser vane proﬁle and the vaned diﬀuser end-walls. Van der Spuy (2003) con-
ducted numerous analyses with wedge and NACA proﬁles, but the widest
operating range (stall to choke margins) was predicted by the CETI proﬁle.
Furthermore, Van der Spuy (2003) found that a limited amount of wall diver-
gence in the vaned diﬀuser section aided matching of the re-designed diﬀuser
section to the existing volute.
4.1 Geometry and Known Performance
Characteristics
A 3-D IGES computer model of the compressor impeller and diﬀuser sec-
tions was included on a CD-ROM which was obtained from the DEEP au-
thors (Van der Spuy, 2003). This model was used to extract the hub and
shroud curves as well as hub-to-shroud sections for meshing with AutoGrid5
v8.7-2. The dual-exit volute was not included in the 3-D model and the outlet
was again lengthened and pinched. The resulting mesh contained 2 634 405
grid points of which 1 544 451 grid points were in the impeller and 1 089 954
grid points were in the diﬀuser. Meshing results of the DEEP prototype are
supplied in Appendix C.3. A Full Non Matching Mixing Plane was used at
the R-S interface. This interface approach respects an exact conservation of
mass ﬂow, momentum and energy through the R-S interface, but has relaxed
constraints on the interface geometry (FINE/Turbo Manual, 2010).
Measurement stations for comparison between the 1-D and 3-D results
were chosen along the ﬂuid path in the compressor, namely the impeller blade
leading edge (station A) and tip (station B), the vaned diﬀuser vane leading
edge (station C) and the vaneless annular passage discharge to the volute
(station D). To visualise the DEEP prototype with measurement stations, the
unmeshed 3-D model is supplied in Figure 4.2 and the AutoGrid5 meridional
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Figure 4.2: Unmeshed 3-D model of the DEEP compressor.
Figure 4.3: AutoGrid5 meridional view of the DEEP compressor.
view in Figure 4.3.
The necessary 1-D geometric information was extracted from the 3-D model
using IGG and is shown in Tables 4.1 and 4.2. The vaned diﬀuser throat
area (Ath) is 10.544× 103mm2, the perimeter (perith) is 1.562m, the throat
width (hth) is 39.31mm, the vane length (LB) is 176.51mm and the diﬀuser
contained 13 vanes (zD). The parallel-walled vaneless annular passage after
the vane discharge reached the volute at r5 = 313mm (station D).
Similar to the O-Rotor and Radiver test cases, grid convergence for the
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Table 4.1: Impeller geometry of the DEEP prototype (Van der Spuy, 2003).
Inlet Throat Tip
rh (mm) 68
b (mm) 54 23
r (mm) 98.76 98.76 215
βh 49.94°
β 42.82° 49.14° 70.45°
βs 33.44°
αC 1.15° 89.9°
κm (rad/m) -9.63
tb (mm) 1.14 3.08
A (mm2) 23.4146× 103
peri (m) 2.145
z 12 24
Overall
LB (mm) 190.43
LFB (mm) 165.66
LSB (mm) 129.31
sCL and sD (mm) 1.27
Table 4.2: Vaned diﬀuser geometry of the DEEP prototype (Van der Spuy,
2003).
r (mm) b (mm) β tb (mm)
Inlet 234 18 14.35° 2.47
Discharge 300 28 29.47° 2.0
radial length of the 1-D vaneless annular passage analysis yielded a CV length
of 10 µm in both vaneless passages with satisfactory diﬀerence in ﬁnal output
compared to smaller CV lengths.
Van der Spuy (2003) chose the compressor design point as 4.7 kg/s at
19 210RPM with a predicted total-to-total pressure ratio (PRTT ) of 3.25 and
total-to-total eﬃciency (ηTT ) of 78%. At compressor inlet conditions of pt,1 =
101 kPa and Tt,1 = 298K at 19 210RPM, the predicted mass ﬂow range was
3.63 kg/s . m˙ . 7.12 kg/s. Unlike the Radiver test case, the analysis results
do not need to be scaled as the provided inlet conditions are those measured
during testing.
The above mentioned inlet conditions and impeller speed was used for
the 3-D analysis and the mass ﬂow rate was speciﬁed at the outlet bound-
ary with velocity scaling. The results showed that the mass ﬂow range was
between 4.25 kg/s and 5.32 kg/s, with the design point closer to the stall mar-
gin. Lower mass ﬂow rates were calculated, but showed signiﬁcant diﬀerences
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between the inlet and outlet boundary mass ﬂow rates (m˙inlet = 4.8099 kg/s
and m˙outlet = 4.25 kg/s; m˙inlet = 4.5562 kg/s and m˙outlet = 4.3 kg/s). The
diﬀerences suggested that the 3-D results of these lower mass ﬂow rates are
unreliable and were therefore excluded from the report. The 1-D analysis eval-
uated the compressor at the mass ﬂow rates originally simulated in the 3-D
analysis.
4.2 Modelling Results
After testing of the DEEP prototype compressor, Van der Spuy (2003) notes
that the turbocharger speeds were not measured, thus a direct comparison
between the experimental and theoretical results was not possible. The exper-
imental results used the engine throttle notches as reference. Thus comments
in this thesis are drawn using the 1-D and 3-D results taking the prototype
geometry into account.
Van der Spuy (2003) also comments on the inception of stall at the lower
than expected boost pressure. Additional testing at the time indicated that
the observed stall is not taking place in the impeller inducer. The authors
indicated that a possible area of concern is the diﬀuser section. Software used
at the time of the DEEP project did not provide an indication of possible stall
problems, but a large variation in predicted operating range between the ﬂat
plate and wedge diﬀuser blade proﬁles raised doubt regarding the accuracy of
the software predictions.
Focusing on the DEEP prototype impeller 1-D analysis, impeller blade stall
was predicted across the entire operating range of 4.25 kg/s ≤ m˙ ≤ 5.32 kg/s
and inducer stall was predicted from 4.25 kg/s ≤ m˙ ≤ 4.7 kg/s. Visual inspec-
tion of the 3-D results at the operating point with CFView conﬁrms blade
stall at the impeller blade tip, as shown in Figure 4.4. The stall criterion
(Deq > 2) was satisﬁed over the operating range with values for Deq rang-
ing from 2.455 to 2.67. Low relative velocity regions were also identiﬁed over
approximately 50% of the splitter blade suction surface as shown in Figure 4.5.
Leading to the vaneless annular passage after the impeller tip, the 3-D
analysis predicted high absolute Mach number ﬂow between the vane leading
edge and diﬀuser throat suction surface at the operating point. This is shown
in Figure 4.6 and was originally not suspected to be present during the DEEP
project. Roughly 40% of station C is occupied by a supersonic region with
lower Mach number ﬂow occupying the remainder of the inlet.
Area averaged absolute Mach number results at station C for the DEEP
operating range are presented in Figure 4.7. The 1-D and 3-D results correlate
well and follow a similar trend, with a diﬀerence at the operating point of
M3 = 0.035 , but none of the models predict supersonic ﬂow. The loss of infor-
mation from the CFView 1-D results at the leading edge due to averaging is
noticeable, with the averaged result at the operating point being M3 = 0.785
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Figure 4.4: Recirculating ﬂow (Deq = 2.573 > 2) at the impeller tip of the
DEEP prototype at 50% span and the operating point.
Figure 4.5: Low relative velocity regions in the DEEP prototype impeller at
50% span and the operating point.
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Figure 4.6: High Mach number ﬂow between the DEEP prototype diﬀuser
inlet and throat at 50% span and the operating point.
and not indicating a possible high Mach number region. The 1-D results sim-
ilarly will not warn about high Mach number ﬂow between the vaned diﬀuser
inlet and throat. This is due to the vaned diﬀuser analysis not examining a
supersonic shock loss such as found in the impeller analysis.
The vaned diﬀuser 1-D analysis predicted separation over the entire DEEP
operating range with the separation criterion (C4 > CSEP ) being satisﬁed.
Values for C4 ranged from 74.91m/s to 89.55m/s and similarly for CSEP ,
from 57.62m/s to 57.69m/s. 3-D results from CFView at the operating
point show recirculation in the vector ﬁeld along the vaned diﬀuser vane suction
surface of Figure 4.8. To emphasise the degree of recirculation and separation,
the absolute ﬂow angle of the diﬀuser is shown in Figure 4.9.
Absolute ﬂow angle results at station C from the 1-D and 3-D analysis
across the operating range are shown in Figure 4.10. Aungier (2000) recom-
mends a vane incidence angle (i3) of −1°. To match the existing prototype
impeller and vaneless annular passage leading to the vaned diﬀuser at the op-
erating point, the vane leading edge angle (β3) should be 12.2° according to
the 1-D analysis and 13.9° according to the 3-D analysis, which is less than
the prototype design of 14.35°. This leads to a shallower vane angle, leading
to more separation on the suction surface. With this in mind, the separation
might be associated with a non-optimal vane proﬁle.
The vaned diﬀuser 1-D analysis furthermore gave warning of deterioration
in diﬀuser performance due to L being larger than 1/3 and 2θC being larger
than 11◦. Refer to Appendix B.2 for a description of L and 2θC . The pa-
rameter 2θC > 11◦ is an indirect result of the diverging shroud in the vaned
diﬀuser section. The non-optimal vane design is directly related to the dis-
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Figure 4.7: Absolute Mach Number at station C of the DEEP prototype.
Figure 4.8: Absolute velocity ﬂow vectors showing recirculation on the DEEP
prototype diﬀuser vane suction surface at 50% span and the operating point.
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Figure 4.9: Absolute ﬂow angle showing separation across the DEEP prototype
diﬀuser vane at 50% span and the operating point.
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Figure 4.10: Absolute ﬂow angle at station C of the DEEP prototype.
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Figure 4.11: Total-to-total eﬃciency between stations A and D of the DEEP
prototype.
charge vane angle (β4), which also contributes to 2θC in the formulation of
the vane-to-vane arc length (w, Equation (B.2.12)). Hence, the non-optimal
vane proﬁle contributes to the deterioration in diﬀuser performance according
to Equation (B.2.12).
Overall performance results of the DEEP compressor between point A and
D are shown in Figures 4.11 and 4.12. The 1-D and 3-D modelling methods
provide similar results for the total-to-total eﬃciency (ηTT,A−D), with a diﬀer-
ence of 1.63% at the operating point. The trends diverge closer to the choke
margin, which is where the 3-D modelling method is argued to capture the
choking eﬀect better than the 1-D model.
Predictions of the total-to-total pressure ratio (PRTT,A−D) by the 1-D and
3-D models show a similar ﬂat trend, but with a large diﬀerence of 0.288 at
the operating point. This diﬀerence can be attributed to the 1-D separation
loss coeﬃcients in the impeller and vaned diﬀuser not fully capturing the loss
in pressure once separation is predicted. This phenomenon is discussed in
Section 3.4.
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Figure 4.12: Total-to-total pressure ratio between stations A and D of the
DEEP prototype.
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Conclusions and
Recommendations
5.1 Conclusions
The 1-D model, which is based on the theory of Aungier (2000), delivers good
overall compressor results as shown in Figures 3.5 and 3.6 for the O-Rotor
and Figures 3.15 and 3.16 for the Radiver test case. However, the overall
prediction accuracy is inﬂuenced by the compressor sub-component theory
results as discussed in Section 3.4. The implemented sub-component theories
are of the impeller, vaneless annular passage and a vaned diﬀuser.
The 1-D impeller theory provides excellent results, as shown with the O-
Rotor impeller tip results in Table 3.5 and the Radiver results at station 2M
in Figures 3.17 to 3.19. The 1-D impeller theory also successfully predicted
recirculation at the O-Rotor impeller tip as shown in Figure 3.11, which cor-
relates with the 3-D ﬁndings. Prediction accuracy of the 1-D impeller theory
does however deteriorate once stall or choking is encountered, where the loss
coeﬃcients do not capture the eﬀects on performance adequately.
The 1-D vaneless annular passage theory underestimates the static and
total pressures when applied to the O-Rotor case, as shown in Figures 3.7
and 3.9. An explanation for this error is provided in Section 3.4, where it is
argued that the CV length is much smaller than is believed to be originally
intended by Aungier (2000). Small errors in CV results are passed onto the
next CV in the marching step method, which results in the error increasing
as the CV moves further away from the passage inlet. Results of the Radiver
vaneless annular passage after the vaned diﬀuser discharge indicate that the
sudden increase in ﬂow area at the passage inlet is not correctly accounted for.
This is shown in the lower absolute Mach number found in Figure 3.20.
Results of the 1-D vaned diﬀuser theory when applied to the Radiver test
case were concluded to be adequate. The prediction of vane separation in
the Radiver diﬀuser by the 1-D theory compared satisfactorily with the 3-D
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results as shown in Figure 3.22. 1-D theory results of the Radiver diﬀuser
static pressure ratio showed good correlation with the experimental results as
shown in Figure 3.15. The 1-D vaned diﬀuser theory does not suﬀer from the
same error in predictions once stall or choking is predicted such as found with
the 1-D impeller theory. Further benchmarking of the vaned diﬀuser theory is
recommended, as only one case was available.
The 3-D results obtained by FINE/Turbo are satisfactory and outper-
forms the 1-D theory, speciﬁcally in the stall and choking regions. Overall 3-D
results of the O-Rotor correlate better than 1-D results as shown in Figures 3.5
and 3.6. Overall results of the Radiver test case by FINE/Turbo also corre-
late better than the 1-D theory as shown in Figures 3.15 and 3.16. Pressure
and ﬂow angle 3-D results of the O-Rotor shown in Figures 3.7 and 3.8 show
excellent correlation with the experimental results. Further excellent corre-
lation of 3-D results with the Radiver impeller tip results are shown in Fig-
ures 3.18 and 3.19 and of the vaned diﬀuser discharge in Figures 3.20 and 3.21.
FINE/Turbo speciﬁcally correlates better than the 1-D theory in predicting
the absolute Mach number in Figure 3.20. Using Figure 3.22, the eﬀective ﬂow
area at the vaned diﬀuser discharge can be compared to the entire ﬂow area as
implemented by the 1-D model. As discussed in Section 3.3.2, using the entire
ﬂow area at the vaned diﬀuser discharge in the 1-D model contributes to the
error in 1-D results in Figure 3.20.
When applying the 1-D theory to the DEEP prototype, impeller blade
stall was predicted over the entire operating ﬂow range. The stall criterion
(Deq > 2) was satisﬁed with values for Deq ranging from 2.455 to 2.67. This
was veriﬁed by the 3-D model, where ﬂow re-entering the impeller tip at the
operating point is shown in Figure 4.4. The 3-D model also predicted a high
Mach number region at the vaned diﬀuser inlet (see Figure 4.6), but this
could not be veriﬁed by the 1-D model as previously discussed in Section 4.2.
Diﬀuser vane separation over the entire operating range was predicted by the
1-D analysis, where C4 > CSEP as discussed in Section 4.2. Separation was
once again conﬁrmed by the 3-D model as shown in Figures 4.8 and 4.9. As
discussed previously in Section 4.2, the separation can be attributed to a non-
optimal vane proﬁle rather than an incorrect vane leading edge angle. This
non-optimal vane proﬁle also adds to diﬀuser performance deterioration.
5.2 Recommendations
Recommendations regarding the 1-D impeller code is to include the omitted
inlet shock pressure loss coeﬃcient formulation. The present omission is justi-
ﬁed, as no supersonic ﬂow was present at the impeller inlet of any of the thesis
compressor cases, but it needs to be included for future work. Furthermore,
the relevant loss coeﬃcients can be investigated to provide better performance
results once stall or choking is predicted.
Stellenbosch University  http://scholar.sun.ac.za
CHAPTER 5. CONCLUSIONS AND RECOMMENDATIONS 80
A recommendation for the 1-D vaneless annular passage theory is to deter-
mine the originally intended control volume length. If the prescribed length
cannot be determined, the theory should be revised to produce better results
once grid convergence has been achieved. The error due to a sudden increase in
ﬂow area after a wedge-type vaned diﬀuser should also be investigated. Taking
into account that the eﬀective ﬂow area is minimised, introducing a suitable
area factor for the passage analysis might prove to be a solution.
If FINE/Turbo is to be used for future centrifugal compressor projects,
an additional software code to process the .geomTurbo ﬁle of the impeller to
obtain the 1-D geometry information is recommended. The data that was used
in conjunction with IGG to obtain the 1-D geometry as used in this thesis,
is available in a standard .geomTurbo ﬁle. The same applies for obtaining the
1-D geometry for the vaned diﬀuser analysis. A further recommendation is to
include academically recognised real gas tables to source the working medium
properties, making it possible to import properties of diﬀerent gasses in the
future.
The 1-D program is currently segmented into three MATLAB® codes.
Creating a governing MATLAB® code which uses the current codes as func-
tions will be advantageous. The functions can then be used in a modular
manner and will aid in obtaining results of diﬀerent compressor conﬁgurations.
Determining the choke and stall margins will be easier if the governing code
reports warning states from the functions during the analysis. For instance,
the impeller could be performing well according to the current impeller code
(indicating a wide operating range) but choking could be present in the vaned
diﬀuser throat. This smaller operating range will only be found once the vaned
diﬀuser MATLAB® code is executed after the impeller code.
Benchmarking of the 1-D theory and FINE/Turbo should be performed
on smaller scale compressors such as found in micro gas turbines. The 1-D
code should especially be benchmarked as the theory was originally intended
for larger commercial compressors.
Taking the preceding discussion into account, a redesign of the entire dif-
fuser section of the DEEP prototype is recommended. Emphasis is placed on
the non-optimal vane proﬁle and the diverging shroud contour. Considering
the impeller blade and inducer stall, the author recommends a redesign of the
impeller as well. Compressor stability will be improved by addressing the dif-
fuser only, but might not produce a compressor that meets the original DEEP
project performance requirements.
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Appendix A
Air Properties and Characteristics
Various air properties and characteristics were used repeatedly during the 1-D
centrifugal compressor analysis and the relevant information is supplied in this
section.
A.1 Air Properties
Three air properties, density (ρ), speciﬁc heat (Cp) and dynamic viscosity (µ),
were used during the 1-D centrifugal compressor analysis and are determined
using the static thermodynamic conditions. Equation (A.1.1) (White, 2003)
shows the well-known perfect gas equation. The speciﬁc heat and dynamic
viscosity correlations shown in Equations (A.1.2) and (A.1.3) (Kröger, 2004)
are dependent on the static temperature only, assuming the static pressure is
1 bar.
p = ρRT (A.1.1)
Cp = 1.045356× 103 − 3.161783× 10−1T
+7.083814× 10−4T 2 − 2.705209× 10−7T 3 (A.1.2)
µ = 2.287973× 10−6 + 6.259793× 10−8T
−3.131956× 10−11T 2 + 8.15038× 10−15T 3 (A.1.3)
A.2 Critical Values at the Sonic Point
The phenomenon of aerodynamic choking is evaluated at the throat of both
the impeller and diﬀuser stage and implements the ﬂow area resulting in sonic
conditions. Sonic, or critical, conditions occur when the Mach number (relative
for the impeller and absolute for the diﬀuser) of the ﬂow medium at the given
operating conditions equals one (M = 1). Another viewpoint for the occurance
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of choke is when the aerodynamic throat area is smaller than the area needed
for a sonic velocity at the current static conditions and mass ﬂow rate. This
sonic ﬂow area can be determined from Equation (A.2.1) (Aungier, 2000).
A∗ =
m˙
ρ∗V ∗
(A.2.1)
The needed critical density (ρ∗), temperature (T ∗) and velocity (V ∗) can
be determined from Equations (A.2.2) through (A.2.4) (White, 2003) and are
based on the total thermodynamic conditions.
ρ∗ = ρt
(
2
γ + 1
)1/(γ−1)
(A.2.2)
T ∗ = Tt
(
2
γ + 1
)
(A.2.3)
V ∗ = a∗ =
√
γRT ∗
=
√
2γ
γ + 1
RTt (A.2.4)
A.3 Skin Friction Coeﬃcient
The eﬀects of skin friction were evident in all of the centrifugal compressor
stage components in the 1-D theory and a general formulation was needed to
accomodate the wide range of operating conditions of centrifugal compressors.
The formulation needed to include laminar and turbulent ﬂow regimes as well
as the inﬂuence of surface ﬁnish according to Aungier (2000).
Aungier (2000) suggests three well-established models (Haaland, 1983) for
this purpose. The coeﬃcients are correlated as a function of the peak-to-valley
surface roughness (e) and Reynolds number (Red). The Reynolds number is
based on the pipe diameter (d) and is supplied in Equation (A.3.1) (Aungier,
2000).
Red =
ρV d
µ
(A.3.1)
The relevant velocity (absolute or relative depending on the stage being
analysed) is represented by V and when applying the Reynolds number to
general passages, the conventional practice is to replace d with the hydraulic
diameter (dH) shown in Equation (A.3.2) (Aungier, 2000).
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dH = 4(cross-sectional area)/(wetted perimeter) (A.3.2)
As mentioned, three models were used. Firstly, for laminar ﬂow, Red <
2000, implement Equation (A.3.3) (Aungier, 2000).
cf,l = 16/Red (A.3.3)
Secondly, for turbulent ﬂow, Red > 4000, within a smooth-walled pipe
Aungier (2000) suggests using Equation (A.3.4).
1√
4cf,t,s
= −2 log10
[
2.51
Red
√
4cf,t,s
]
(A.3.4)
Equation (A.3.4) does not supply an explicit solution for cf,t,s but Haaland
(1983) oﬀers a simpliﬁcation in Equation (A.3.5), of which the roughness term
has been omitted.
1√
4cf,t,s
= −1.8 log10
(
6.9
Red
)
(A.3.5)
For turbulent ﬂow over a fully rough surface Aungier (2000) suggests using
Equation (A.3.6), where d is again replaced by the hydraulic diameter from
Equation (A.3.2).
1√
4cf,t,r
= −2 log10
[ e
3.71d
]
(A.3.6)
The surface ﬁnish is implemented using the root-mean-square (RMS) value.
Aungier (2000) suggests that a reasonable method of converting these peak-
to-valley values is to assume a sine wave form, as shown in Equation (A.3.7).
e = 2eRMS/0.707 = eRMS/0.3535 (A.3.7)
When the ﬂow is in transition between laminar and turbulent or smooth
and rough zones, the skin friction coeﬃcient is modeled as weigthed averages of
Stellenbosch University  http://scholar.sun.ac.za
APPENDIX A. AIR PROPERTIES AND CHARACTERISTICS 85
Equations (A.3.5) and (A.3.6). The surface roughness only becomes signiﬁcant
when the condition in Equation (A.3.8) (Aungier, 2000) is met.
Ree = (Red − 2000)e/d > 60 (A.3.8)
With this information the turbulent skin friction coeﬃcient is weighted as
shown in Equation (A.3.9) (Aungier, 2000).
cf,t = cf,t,s for Ree < 60
cf,t = cf,t,s + (cf,t,r − cf,t,s) (1− 60/Ree) for Ree ≥ 60 (A.3.9)
Haaland (1983) does not recommend using a weighted average but rather
supplies a single term for the turbulent skin friction coeﬃcient which is shown
in Equation (A.3.10), from which the simpliﬁcation of Equation (A.3.5) was
derived.
1√
4cf,t
= −1.8 log10
[
6.9
Red
+
( e
3.71d
)10/9]
(A.3.10)
Lastly, when the ﬂow is in transition between laminar and turbulent phases,
2000 ≤ Red ≤ 4000, the friction coeﬃcient is a weigthed average of Equa-
tions (A.3.3) and (A.3.9) (or (A.3.10)) according to Equation (A.3.11) (Aungier,
2000).
cf = cf,l + (cf,t − cf,l)(Red/2000− 1) (A.3.11)
The reader can apply discretion to use the weighted average supplied in
Equation (A.3.9) or the single term in Equation (A.3.10) for the turbulent
skin friction coeﬃcient. White (2003) also comments that no reliable friction
factors exist in the transition phase estimated by Equation (A.3.11).
For the current application the surface roughness terms are omitted due
to the exact values of the thesis compressors being unknown, but it must be
noted that the validation case studies used milled components (implying a good
surface ﬁnish). Thus, a combination of Equations (A.3.3), (A.3.5) and (A.3.11)
are used in the MATLAB® code after evaluating Red.
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A.4 Boundary Layer Thickness
Flat-plate theory is used in the vaneless annular passage and vaned diﬀuser
analysis and the boundary layer thickness (δ) is required for both.
Aungier (2000) suggests using a simple ﬂat-plate boundary layer thickness
for a vaneless annular passage analysis preceded by an impeller analysis. He
does however note that a high degree of accuracy in specifying δ is not re-
quired. For the vaned diﬀuser analysis, Aungier (2000) supplies a simple ﬂat-
plate boundary layer approximation estimated at the midpassage as shown in
Equation (A.3.1). This approximation was also used for determining δ of the
impeller.
δ =
5.142
2
cfLB (A.4.1)
As discussed in Section 2.2.4, the hydraulic diameter is an average of the
throat and discharge values but a limit is imposed, namely 2δ/dH ≤ 1.
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Appendix B
1-D Centrifugal Compressor
Theory Loss Coeﬃcients
Loss and work coeﬃcients (ωi and Ii respectively) omitted in Section 2.2 are
supplied here, supplemented by a brief description of each loss coeﬃcient.
These coeﬃcients are found in the impeller performance (Section 2.2.2) and
vaned diﬀuser performance (Section 2.2.4) theories.
B.1 Impeller Performance
The blade input work coeﬃcient (IB) is the ﬁrst to be determined. As men-
tioned previously, the slip factor (σ) implemented by Aungier (2000) is the
approximated Busemann slip factor at zero ﬂow by Wiesner (1967) and is
shown in Equation (B.1.1).
σ = 1−
√
sin β2 sinαC,2
z0.7
(B.1.1)
This σ can be treated as constant up to the limiting radius ratio (²LIM)
shown in Equation (B.1.2) (Aungier, 2000).
²LIM =
σ − σ∗
1− σ∗
σ∗ = sin(19◦ + 0.2β2) (B.1.2)
If this limit is exceeded by the impeller meanline radius ratio (² = r1/r2),
σ is corrected to σcorr using Equation (B.1.3) (Aungier, 2000).
σcorr = σ
1− ( ²− ²LIM
1− ²LIM
)√β2/10 (B.1.3)
87
Stellenbosch University  http://scholar.sun.ac.za
APPENDIX B. 1-D CENTRIFUGAL COMPRESSOR THEORY LOSS
COEFFICIENTS 88
To determine IB, the wall skin friction loss coeﬃcient (ωSF ) must be calcu-
lated using Equation (B.1.4) (Aungier, 2000). The skin friction coeﬃcient (cf )
is calculated using the method explained in Appendix A.3 and the average of
the throat and tip values are used to calculate the hydraulic diameter, relevant
velocity [(Wth +W2)/2] and air properties. The tip area is A2 sin β2, which is
normal to the direction of ﬂow.
ωSF = 4cf
W
2
LB
W 21 dH
W
2
=
(
W 21 +W
2
2
)
/2
W
2 ≥ (W 2th +W 22 ) /2 (B.1.4)
Computing the wall skin friction loss utilises an averaged relative velocity
(W 2) which needs to be evaluated for both the throat-to-tip values and inlet-
to-tip values. The higher value is used for the analysis.
With ωSF known, the tip blockage (B2) can be determined from the model
presented by Aungier (2000) as shown in Equation (B.1.5), where AR follows
from Equation (2.2.2).
B2 = ωSF
pv,1
pv,2
√
W1dH
W2b2
+
[
0.3 +
b22
L2B
]
A2Rρ2b2
ρ1LB
+
sCL
2b2
(B.1.5)
With the tip blockage known, the work input from the impeller blades can
be calculated using Equation (B.1.6). This equation was adapted by Aungier
(2000) from Equation (B.1.7) to include slip. The tip distortion factor (λ2)
follows from Equation (B.1.8).
IB = σ (1− λ2φ2 cot β2)− U1CU,1/U22
φ2 = m˙/ (ρ2A2U2) (B.1.6)
IB = CU,2/U2 − U1CU,1/U22 (B.1.7)
λ2 = 1/ (1−B2) (B.1.8)
Aungier (2000) provides diﬀerent clearance gap ﬂow work models for open
and closed impeller designs. All of the impellers relevant to the project are
of the open type design, thus only the relevant equations for open impellers
were implemented. A pressure diﬀerence is present between the pressure and
suction surfaces of an open impeller blade and due to the clearance gap some
leakage throughﬂow from the pressure to suction surfaces will take place. This
pressure diﬀerence creates the force required to balance the impeller torque
given in Equation (B.1.9) (Aungier, 2000).
τ = m˙ [r2CU2 − r1CU1] (B.1.9)
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From this the average pressure diﬀerence across the blade in the clearance
gap can be estimated from the change in ﬂuid angular momentum through the
impeller as given by Aungier (2000) in Equation (B.1.10).
∆pCL =
m˙ (r2CU2 − r1CU1)
zrbL
r = (r1 + r2) /2
b = (b1 + b2) /2 (B.1.10)
Aungier (2000) uses Equation (B.1.11) to calculate the velocity of the clear-
ance gap leakage ﬂow, where the coeﬃcient of 0.816 accounts for the abrupt
contraction loss when the leakage ﬂow enters the clearance gap, followed by an
abrupt expansion loss as the leakage ﬂow leaves the clearance gap. As can be
seen, ρ2 is used and is considered to be constant throughout the entire blade
length.
UCL = 0.816
√
2∆pCL/ρ2 (B.1.11)
Using the throughﬂow velocity, ﬂow area and again ρ2, the blade clear-
ance gap leakage mass ﬂow rate for all of the blades can be determined from
Equation (B.1.12) and in turn the leakage work in Equation (B.1.13) (Aungier,
2000).
m˙CL = ρ2UCL (zsCLLFB) (B.1.12)
IL =
m˙CLUCL
2m˙U2
(B.1.13)
Windage and disk friction work is a result of friction between the impeller
disk and compressor housing. Aungier (2000) proposes the equation by Daily
and Nece (1960a and 1960b) to determine windage and disk friction losses of
rotating smooth and rough disks in housings. The disk torque coeﬃcient is
deﬁned by Equation (B.1.14).
CM =
2τ
ρω2r5
(B.1.14)
Daily and Nece (1960a and 1960b) consider four diﬀerent ﬂow regimes
provided by the torque coeﬃcients in Equations (B.1.15) to (B.1.18). All four
coeﬃcients must be calculated and the largest value of CM1−4 represents the
correct ﬂow regime, CM0.
CM1 =
2pi
(sD/r2)ReCM
for laminar, merged boundary layers (B.1.15)
CM2 =
3.7 (sD/r2)
0.1
√
ReCM
for laminar, separate boundary layers (B.1.16)
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CM3 =
0.08
(sD/r2)
1/6Re
1/4
CM
for turbulent, merged boundary layers (B.1.17)
CM4 =
0.102 (sD/r2)
0.1
Re0.2CM
for turbulent, separate boundary layers (B.1.18)
The Reynolds number in Equations (B.1.15) to (B.1.18) is determined by
Equation (B.1.19).
ReCM =
ρ2ω2r
2
2
µ2
(B.1.19)
Surface roughness was not deemed relevant for the thesis as the impellers
were CNCmachined and no roughness information was available. Thus the sur-
face ﬁnish is assumed to be smooth. Aungier (1995) furthermore applies some
empirical corrections to the ideal disk torque coeﬃcients of Equations (B.1.15)
to (B.1.18) using Equation (B.1.20).
CM = CM0 (1−K)2 / (1−K0)2 (B.1.20)
K0 and K are determined from Equation (B.1.21) (Aungier, 2000).
K = CU,2/U2
K0 = 0.46/ (1 + 2sD/d2) (B.1.21)
The impeller disk friction torque coeﬃcient is computed separately for the
disk and cover (if one is included in the design) and the results are corrected
according to Equation (B.1.22). For the test cases investigated during the
thesis, the impellers are of the uncovered design and hence CMC does not
apply.
CMD = 0.75CM
CMC = 0.75LFBCM
[
1− (d1,s/d2)5
]
/ (r2 − r1) (B.1.22)
From this, the energy consumed by windage and disk friction is ωτ and the
work input is calculated using Equation (B.1.23).
IDF = (CMD + CMC) ρ2U2r
2
2/ (2m˙) (B.1.23)
At low mass ﬂow rates a pronounced increase in work input can be observed.
It is believed to be associated with ﬂow recirculating back into the tip of the
impeller. Aungier (2000) notes that this is common for impellers with a very
high head coeﬃcient with excessive blade loading and low tip relative ﬂow
angles. Aungier (1995) generalised the axial compressor equivalent diﬀusion
factor by Lieblein (1959) to radial and mixed ﬂow blades to evaluate the blade
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loading. An average blade velocity diﬀerence (∆W ) is computed as shown in
Equation (B.1.24).
∆W = 2pid2U2IB/ (zLB) (B.1.24)
From this, the diﬀusion factor (Deq) can be determined according to Equa-
tion (B.1.25).
Wmax = (W1 +W2 +∆W ) /2
Deq = Wmax/W2 (B.1.25)
Blade stall can be expected when Deq > 2 according to Lieblein (1959)
and Aungier (2000) found this to be an appropriate stall limit for impellers as
well. When Deq > 2, the work input coeﬃcient associated with recirculation
is computed from Equation (B.1.26). It has been observed that the IR ≥ 0
constraint might result in IR = 0 even if Deq > 2 for most impellers.
IR = (Deq/2− 1) (WU,2/Cm,2 − 2 cot β2)
IR ≥ 0 (B.1.26)
With all of the work coeﬃcients known, I is calculated using Equation
(2.2.12). As discussed in Section 2.2.2, an iterated T2 is then determined.
Determining the remainder of the loss coeﬃcients (ωi) needed by Equation
(2.2.13), is discussed in the following paragraphs.
Aungier mentions a shock pressure loss (ωsh) in the event of the resulting
entrance velocities exceeding sonic conditions and is computed using normal
shock relations. No speciﬁc formulation can be found for ωsh in Aungier (2000)
nor Aungier (1995) and was therefore not included in the MATLAB® code.
ωsh is only applicable when the inlet ﬂow is supersonic, which is not found in
any of the thesis compressor cases. Thus the author did not enquire further.
An incidence loss is observed when the actual inlet ﬂow has to adjust
to the blade angle and can be computed from Equation (B.1.27) (Aungier,
2000). This equation is applied at the hub, mean and shroud stream surfaces.
A weighted average of the hub, mean and shroud values deﬁnes the overall
incidence loss coeﬃcient, where the mean stream surface value is weighted 10
times heavier than the hub and shroud values.
ωinc = 0.8
[
1− Cm,1
W1 sin β1
]2
+
[
zFBtb,1
2pir1 sin β1
]2
(B.1.27)
To compute the hub and shroud values, Equation (B.1.28) (Aungier, 2000)
and Figure 2.7 is used by substituting 1 in Figure 2.7 with the relevant
stream surface value. The absolute meridional velocity components (Cm,1,∗)
are calculated using Equation (B.1.28) and the absolute tangential velocity
Stellenbosch University  http://scholar.sun.ac.za
APPENDIX B. 1-D CENTRIFUGAL COMPRESSOR THEORY LOSS
COEFFICIENTS 92
components equal the mean stream surface value (CU,1 = CU,1,h = CU,1,s) if
pre-whirl is present. The blade velocity is evaluated at the relevant stream
surface (U1,∗) and with the help of Figure 2.7, the relative velocity component
(W1,∗) is determined.
Cm,1,h = Cm,1 [1 + κm,1b1/2]
Cm,1,s = Cm,1 [1− κm,1b1/2] (B.1.28)
The curvature term in Equation (B.1.28) is computed from Equation (B.1.29)
using the reference system of Aungier (2000).
κm = −∂αC
∂m
(B.1.29)
Aungier (2000) notes that the loss due to diﬀusion between the impeller
blade leading edge and the throat has been found to be more signiﬁcant than
the incidence loss. The corresponding entrance diﬀusion loss coeﬃcient (ωDIF )
is calculated from Equation (B.1.30). During the test case investigations, the
diﬀusion loss was found to be negative for some mass ﬂow rates. In this case
the constraint in Equation (B.1.30) returns ωDIF = 0.
ωDIF = 0.8 [1−Wth/W1]2 − ωinc where ωDIF ≥ 0 is required (B.1.30)
Pronounced stall in the inducer has been observed by Aungier (2000) at
lower ﬂow rates, which can prevent stable operation of the compressor due to
surge. Flow diﬀusion between the inlet and throat is a good indicator of inducer
stall and Aungier (2000) proposes the stall criterion in Equation (B.1.31).
W1,s/Wth ≥ 1.75 (B.1.31)
In the event of inducer stall being predicted, the diﬀusion loss coeﬃcient
is limited by Equation (B.1.32).
ωDIF ≥
(
W1,s − 1.75Wth
W1
)2
− ωinc (B.1.32)
At higher mass ﬂow rates the onset of supersonic ﬂow will be observed and
a corresponding choking loss coeﬃcient is calculated from Equation (B.1.33)
(Aungier, 2000). The area required at the assigned mass ﬂow rate to yield a
sonic velocity is denoted as A∗ and is determined by using Equations (A.2.1)
to (A.2.4). To determine the onset of choking in the impeller throat, the
contracted throat area needs to be smaller than the sonic ﬂow area, i.e. choking
is observed when CrAth ≤ A∗.
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X = 11− 10CrAth/A∗
ωCH = 0 if X ≤ 0
ωCH = 0.5
(
0.05X +X7
)
if X > 0 (B.1.33)
During the veriﬁcation studies, the MATLAB® code was found to be very
sensitive to variations in the throat area value. This is due to the use of X7 in
Equation (B.1.33) which results in divergence if A∗ is even slightly larger than
CrAth, thus if X is slightly larger than 1.
When high blade-to-blade (B2B) pressure gradients are present, secondary
ﬂows might be produced which may lead to blade stall. The blade loading loss
coeﬃcient associated with this phenomenon can be calculated using Equa-
tion (B.1.34) from Aungier (2000). The deﬁnition for ∆W has been provided
in Equation (B.1.24).
ωBL =
1
24
(
∆W
W1
)2
(B.1.34)
Similar to the B2B loading loss, a loading loss in the hub-to-shroud (H2S)
direction can be computed from Equation (B.1.35). Aungier (2000) reports that
severe ﬂow separation might occur when the B2B and H2S pressure gradients
become large compared to the velocity head.
ωH2S =
1
6
(
κmbW
W1
)2
κm = (αC,2 − αC,1) /LFB
b = (b1 + b2) /2
W = (W1 +W2) /2 (B.1.35)
The abrupt expansion loss model by Aungier (2000) uses λ2, provided in
Equation (B.1.8), to determine the abrupt expansion loss coeﬃcient supplied in
Equation (B.1.36). Aungier (2000) notes that results from this equation proves
almost equal to that of the well-known abrupt expansion loss by Benedict et al.
(1966).
ωλ =
[
(λ2 − 1)Cm,2
W1
]2
(B.1.36)
Similar to the abrupt expansion loss, a loss associated with blade wake
mixing can be determined. The velocity at which separation occurs (WSEP )
needs to be estimated in order to estimate the magnitude of the wake. Deq,
deﬁned in Equation (B.1.25), is used to estimate WSEP (Aungier, 2000).
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WSEP = W2 if Deq ≤ 2
WSEP = W2Deq/2 if Deq > 2 (B.1.37)
Due to wake mixing occurring after the impeller where blade forces are not
present, conservation of angular momentum controls the tangential velocity.
This results in only the meridional velocity component being involved in cal-
culating the wake mixing loss coeﬃcient. By assuming the gas density to be
approximately constant and using conservation of mass and the value ofWSEP ,
the meridional velocity components before and after mixing can be estimated
from Equation (B.1.38) (Aungier, 2000).
Cm,wake =
√
W 2SEP −W 2U,2
Cm,mix =
Cm,2A2
pid2b2
(B.1.38)
The wake mixing loss coeﬃcient is then provided by Aungier (2000) in
Equation (B.1.39).
ωmix =
(
Cm,wake − Cm,mix
W1
)2
(B.1.39)
The B2B pressure diﬀerence and clearance gap leakage associated with
open impellers in Equations (B.1.10) and (B.1.12) can be implemented to de-
termine the clearance gap leakage loss coeﬃcient provided in Equation (B.1.40)
(Aungier, 2000).
ωCL =
2m˙CL∆pCL
m˙ρ1W 21
(B.1.40)
Aungier (2000) mentions a supercritical Mach number loss coeﬃcient asso-
ciated with supersonic ﬂow at the midpassage. The local sonic velocity (W ∗)
at the midpassage can be calculated using the relative thermodynamic condi-
tions from the average of the inlet and tip values. From this, the inlet critical
Mach number indicating the onset of supersonic ﬂow at the midpassage suction
surface is estimated by Equation (B.1.41). The equation supplied by Aungier
(2000) diﬀers from that of Aungier (1995) regarding the use of M1 instead of
M ′1. The author chose to use M ′1 due to the loss coeﬃcient being examined at
the midpassage, hence in the impeller's rotating frame of reference.
M ′CR =M
′
1W
∗/Wmax (B.1.41)
Wmax is computed using Equation (B.1.25). Shocks will form when the
blade suction surface velocity is supersonic at the midpassage and will likely
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induce boundary layer separation. If this occurs, a supercritical Mach number
loss coeﬃcient is estimated using Equation (B.1.42) (Aungier, 2000).
ωCR = 0.4
[
(M ′1 −M ′CR)Wmax
W1
]2
(B.1.42)
All of the relevant pressure loss coeﬃcients (ωi) have been determined.
With these known, p′t,2 is determined using Equation (2.2.13) and as discussed
in Section 2.2.2, iterated values of p2 and pt,2 are determined. A new ρ2 is
calculated using the perfect gas equation and new values for Cm,2, CU,2 and
C2 follow from conservation of mass, Equation 2.2.17 and the velocity triangle
in Figure 2.10 respectively. The impeller analysis is then repeated until ρ2
converges.
B.2 Vaned Diﬀuser Performance
As previously mentioned, the throat contraction ratio supplied in Equation
(2.2.34) accounts for the sudden change in ﬂow area from inlet to throat.
Similar to the impeller analysis, choking is observed when CrAth ≤ A∗, where
A∗ is determined using Equations (A.2.1) to (A.2.4). Aungier (1990) includes
a choking loss coeﬃcient, which is similar to that of the impeller analysis, and
is supplied in Equation (B.2.1).
X = 11− 10CrAth/A∗
ωCH = 0 if X ≤ 0
ωCH = 0.5
(
0.05X +X7
)
if X > 0 (B.2.1)
Stall in the vaned diﬀuser is based on the parameterK provided by Aungier
(2000) in Equation (B.2.2). This parameter is evaluated between the inlet and
throat and an average value is approximated by Equation (B.2.3) where hth is
the throat width.
K = −r∂ cosα
∂r
(B.2.2)
K =
r3
hth
(
cosα3
cosαth
− 1
)
where αth = arcsin (Ath/A3) (B.2.3)
Aungier (2000) notes that these speciﬁc approximations are signiﬁcant and
were applied to develop the stall criterion from experimental data. He also
notes that a high Mach number has a signiﬁcant eﬀect on the onset of stall
in a vaned diﬀuser. As the Mach number increases, K will approach inﬁnity,
even in a vaneless space. Aungier (2000) deﬁnes this unguided value of K as
K0 in Equation (B.2.4).
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K0 =
M23 sin
2 β3 cos β3
1−M23 sin2 β3
(B.2.4)
Aungier (2000) derived this equation from the basic ﬂuid dynamic equation
of motion in a radial, vaneless space with constant width and the ﬂow angle
set equal to the vane inlet angle. After comparison with experimental stall
limits, Aungier (2000) found that stall in vaned diﬀusers is well approximated
by the criterion in Equation (B.2.5).
K +K0 = 0.39 (B.2.5)
Aungier (2000) then uses this criterion to determine the inlet ﬂow angle
corresponding to vaned diﬀuser stall (α3,S), deﬁned in Equation (B.2.6).
α3,S = arccos
[
cosαth
(
hth(0.39−K0)
r3
+ 1
)]
(B.2.6)
To determine the skin friction loss coeﬃcient, Aungier (2000) provides the
model in Equation (B.2.7). The average of the throat and discharge values
are used to determine the hydraulic diameter (dH) from Equation (A.3.2) and
friction coeﬃcient (cf ) from Appendix A.3.
ωSF = 4cf
(
C
C3
)2
LB
dH
(
dH
2δ
)0.25
C
2
=
(
C23 + C
2
4
)
/2
C
2 ≥ (C2th + C24) /2 (B.2.7)
The 2δ/dH term in Equation (B.2.7) is to correct the skin friction coeﬃ-
cient from the fully-developed ﬂow model according to Aungier (2000). This
is due to boundary layers in diﬀusers usually not being merged into fully-
developed ﬂow proﬁles. The boundary layer thickness (δ) is again estimated
at midpassage from the simple ﬂat-plate approximation in Equation (A.4.1).
Aungier (2000) deﬁnes the optimum or minimum-loss incidence angle (α∗3)
in Equation (B.2.8). This condition approximately balances the ﬂow adjust-
ments required to match the vane angle and the throat area. Aungier (2000)
states that for typical vanes, the optimum condition corresponds to a modest
negative incidence angle. C∗3 is an entrance velocity deﬁned by α∗3.
α∗3 = arcsin (Cm,3/C
∗
3)
C∗3 =
Cm,3√
sin β3 sinαth
(B.2.8)
This optimum incidence angle corresponds to a minimum incidence loss,
supplied in Equation (B.2.9) (Aungier, 2000). The ﬁrst term of this equation
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can be recognised as 80% of the abrupt expansion loss by Benedict et al.
(1966), deﬁned between C∗3 and Cth. Aungier (2000) notes that the second
term accounts for the abrupt contraction in ﬂow area at the leading edge due
to the possibility of thick vanes.
ωinc0 = 0.8
(
C∗3 − Cth
C3
)2
+
(
zDtb,3
2pir3
)2
(B.2.9)
To account for oﬀ-design incidence losses, Aungier (2000) again imple-
ments part of the abrupt expansion loss by Benedict et al. (1966), which
is referenced to C∗3 and the velocity corresponding to the stall incidence,
C3,S = Cm,3/ sinα3,S. When C3 ≤ C3,S, the oﬀ-design incidence loss is cal-
culated using Equation (B.2.10).
ωinc = 0.8
(
C3 − C∗3
C3
)2
(B.2.10)
When C3 > C3,S, Aungier (2000) assumes that 80% of the ideal pressure
recovery is lost, as shown in Equation (B.2.11). Both the terms ωinc0 and ωinc
are included in the sum of Equation (2.2.36).
ωinc = 0.8
[(
Cth
C3,S
)2
−
(
Cth
C3
)2
+
(
C3,S − C∗3
C3,S
)2]
(B.2.11)
To model blockage at the vaned diﬀuser discharge, Aungier (2000) used the
eﬀective correlation by Aungier (1988) as the basis for a blockage loss coeﬃ-
cient. He then modiﬁed it to permit application to thick vanes and variations
in end wall height (b). This ﬁnal model employs two basic design parameters,
the diﬀuser divergence angle (θC) and the vane loading parameter (L) deﬁned
in Equations (B.2.12) and (B.2.13).
2θC = 2arctan
(
b4 (w4 − tb,4)− b3 (w3 − tb,3)
2LBb3
)
where w = 2pir
zD
sin β (B.2.12)
L = ∆C/ (C3 − C4) (B.2.13)
The average B2B loading velocity diﬀerence (∆C) is deﬁned by Aungier
(2000) in Equation (B.2.14).
∆C =
2pi (r3CU,3 − r4CU,4)
zDLB
(B.2.14)
Aungier (2000) observed an abrupt deterioration in vaned diﬀuser perfor-
mance when L > 1/3 or when 2θC > 11◦. Correction coeﬃcients are then
deﬁned accordingly by Equation (B.2.15).
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1 ≤ Cθ ≥ 2θC/11◦
1 ≤ CL ≥ 3L (B.2.15)
The discharge area blockage is then deﬁned by Aungier (2000) in Equa-
tion (B.2.16).
B4 =
LB
w4
[
K1 +K2
(
C
2
R − 1
)]
(B.2.16)
The additional terms for Equation (B.2.16) are supplied in Equation (B.2.17).
CR =
1
2
[
Cm,3 sin β4
Cm,4 sin β3
+ 1
]
K1 = 0.2
[
1− 1
CLCθ
]
K2 =
2θC
125Cθ
[
1− 2θC
22Cθ
]
(B.2.17)
Aungier (1988) supplies a blockage loss coeﬃcient using the abrupt expan-
sion loss by Benedict et al. (1966) in Equation (B.2.18), which is similar to the
model used by the impeller analysis.
ωλ = [(λ4 − 1)Cm,4/C3]2
λ4 = 1/ (1−B4) (B.2.18)
To account for excessive streamwise diﬀusion and vane discharge metal
thickness, Aungier (2000) includes a wake mixing loss similar to the impeller
analysis. Separation of ﬂow is assumed to occur when the velocity value deﬁned
by Equation (B.2.19) is reached.
CSEP = C3/ (1 + 2Cθ)
CSEP ≥ C4 required (B.2.19)
Similar to the impeller analysis, only Cm,4 is involved in the wake mixing
process. The discharge tangential velocity (CU,4) is governed by conserva-
tion of angular momentum when no vane forces are present. The meridional
velocities before and after mixing are calculated by Aungier (2000) using Equa-
tion (B.2.20).
Cm,wake =
√
C2SEP − C2U,4
Cm,mix =
A4
2pir4b4
Cm,4 (B.2.20)
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The wake mixing loss is then determined using Equation (B.2.21) (Aungier,
2000).
ωmix =
(
Cm,wake − Cm,mix
C3
)2
(B.2.21)
The determined loss coeﬃcients are summed and implemented in Equa-
tion (2.2.36) to determine the iterated total discharge pressure (pt,4).
As previously mentioned, Aungier (2000) determines the vane discharge
ﬂow angle using axial-ﬂow compressor correlations transformed to the radial
plane. The minimum-loss deviation angle (δ∗) by Howell (1947) is provided in
Equation (B.2.22).
δ∗ =
θ
[
0.92 (a/c)2 + 0.02 (90°− β4)
]
√
σ − 0.02θ (B.2.22)
The location of the point of maximum camber (a/c), solidity (σ) and cam-
ber angle (θ) is supplied in Equation (B.2.23) (Aungier, 2000).
a/c =
[
2− (β − β3) /θ] /3
σ = zD
r4 − r3
2pir3 sin β
θ = β4 − β3
β = (β3 + β4) /2 (B.2.23)
Aungier (2000) models the variation of the deviation angle with incidence
by an empirical correlation of graphical data presented by Johnsen and Bullock
(1965) as shown in Equation (B.2.24).
∂δ
∂i
= eσ[(1.5−β3/60°)
2−3.3] (B.2.24)
The discharge ﬂow angle (α4) of the vaned diﬀuser is then calculated using
the above parameters in Equation (2.2.37) (Aungier, 2000).
As previously mentioned, C4 is calculated from Cm,4 (which followed from
conservation of mass) using Figure 2.17 and α4. The static enthalpy (h4)
is then determined from ht,4 using Equation (2.2.7) and C4. The discharge
static temperature (T4) follows from Equation (2.2.6) and the discharge static
pressure (p4) follows from the isentropic relation in Equation (2.2.8) using
the total discharge conditions as reference. Using the perfect gas equation
(Appendix A.1), the iterated discharge density (ρ4) is determined and the
analysis is repeated until Cm,4 converges.
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Appendix C
AutoGrid5 Meshes of the Thesis
Compressors
The AutoGrid5mesh conﬁgurations and quality summaries of the thesis com-
pressors are provided in this section. Default conﬁguration settings were used
for all of the compressors unless otherwise stated.
C.1 The Eckardt O-Rotor
As mentioned in Section 3.2, two shroud contours for the O-Rotor were investi-
gated using FINE/Turbo v8.4-3. The mesh was originally conﬁgured for the
linear tapered shroud and generated using AutoGrid5 v8.4-3. Subsequently,
the mesh setup was copied and the shroud contour in the .geomTurbo ﬁle was
replaced with that of the hyperbolic proﬁle, followed by regeneration of the
mesh. Thus two meshes, with identical parameter setups but having slightly
diﬀerent diﬀuser mesh qualities, were used.
A comparison of the hyperbolic contoured and linear tapered meridional
views are provided in Figure C.1. 61 Flow paths were used of which 17 were
in the shroud gap and layer control was applied at 1% intervals. For the
ﬂow paths distribution from hub-to-shroud (H2S), 60% of the mid-ﬂow paths
were chosen as constant. Similarly for the shroud gap, 33% were chosen. The
shroud gap width at both the leading and trailing edge was set to 0.3722mm
following a linear interpolation of the values provided by Eckardt (1976) at the
given rotational speed.
The default (O4H) topology conﬁguration with matching periodicity was
chosen for the B2B Topology. A summary of the impeller blade-to-blade
(B2B) grid points can be viewed in Figure C.2. The appropriate cell width at
all of the walls (except for the blade trailing edge) was found to be 4.45µm in
order to achieve acceptable y+ values. This is supported by the y+ values in
Appendix E.1.
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(a) Hyperbolic contoured. (b) Linear tapered.
Figure C.1: Meridional (Z-r) views of the O-Rotor.
The impeller blade surface cell width expansion ratio was set to 1.5 and the
cell width at the blade trailing edge was chosen as the default value of −1.0
to increase the mesh quality considerably. No indication is given of what the
exact value is in the user manual (AutoGrid5 Manual, 2010), but lowering
the cell width to match the value used for the other walls severely aﬀected the
orthogonality at the trailing edge. Using −1.0 is acceptable in cases where the
blade is very thin and the inﬂuence on accuracy resulting from incorrect y+
values at the tip are regarded as negligible.
No expert parameters were set in the Optimization Properties window
but 760 B2B mesh optimization steps and 130 gap optimization steps were
found to provide the best B2B mesh.
Due to the rounded inlet bulb, a singular line was not chosen for the Bulb
Topology and this results in a butterﬂy type mesh at zero radius. Using a
butterﬂy type mesh limits the orthogonality in the bulb to 360°/(zFB + zSB).
An additional Z-Constant line was added upstream (25 streamwise points) of
the blade leading edge and two lines downstream (37 and 17 streamwise points
respectively) of the trailing edge to improve the mesh. Fixed Geometry was
disabled for all of the lines.
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Figure C.2: O-Rotor impeller grid points summary.
Table C.1: Hyperbolic contoured O-Rotor B2B mesh quality.
Orthogonality Aspect Ratio Expansion Ratio
Hub 35.92° 1495.82 2.39
Shroud 22.259° 2445.7 2.475
Samples of the impeller leading and trailing edge B2B meshes at the hub
and shroud can be viewed in Figures C.3 and C.4 respectively.
The resulting mesh contained 1 366 070 grid points and a quality summary
of the hyperbolic contoured case is supplied in Table C.1. The orthogonality
represents the minimum values obtained. The aspect and expansion ratios
represent the maximum values at the respective spanwise position as discussed
in Section 2.3.3. Due to the linear tapered shroud case using the same mesh
setup, the results were near identical and thus omitted. The reader can view
a sample of the AutoGrid5 block wire mesh in Figure C.5.
C.2 The Radiver Test Case
AutoGrid5 v8.7-2 was used to generate the 3-D mesh of the Radiver test case
and a meridional view of the compressor is provided in Figure C.6. For the
impeller, 57 ﬂow paths were used of which 17 were in the shroud gap and layer
control was set to the default value of 0%. This optimises the mesh on all
of the layers. For the ﬂow paths distribution from H2S, 50% of the mid-ﬂow
paths were chosen as constant and for the shroud gap, 33% were chosen. The
shroud gap width at the leading and trailing edge was set to 0.6887mm and
0.4813mm respectively following the tip-clearance relation provided by Ziegler
et al. (2003c) at the given rotational speed.
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(a) Leading edge.
(b) Trailing edge.
Figure C.3: Hub B2B mesh views of the O-Rotor impeller.
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(a) Leading edge.
(b) Trailing edge.
Figure C.4: Shroud B2B views of the O-Rotor.
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Figure C.5: Block wire mesh of the hyperbolic contoured O-Rotor.
Figure C.6: Meridional (r-Z) view of the Radiver test case.
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Figure C.7: Radiver test case impeller grid points summary.
The default (O4H) topology conﬁguration with matching periodicity was
chosen for the B2B Topology. A summary of the impeller B2B grid points
can be viewed in Figure C.7. The appropriate cell width at all of the walls
(except for the blade trailing edge where the default value of -1.0 was chosen
again) was found to be 4.5µm in order to achieve acceptable y+ values (view
Appendix E.2). The impeller blade surface cell width expansion ratio was set
to 1.374. The default Optimization Properties for the impeller (100 B2B
mesh optimization steps and 100 gap optimization steps) provided the best
B2B mesh.
A butterﬂy type mesh at zero radius was chosen for the Bulb Topology.
An additional Z-Constant line was added upstream (37 streamwise points)
of the blade leading edge and Fixed Geometry was disabled. Samples of the
impeller leading and trailing edge B2B meshes at the hub can be viewed in
Figure C.8. Similar meshes for the impeller shroud can be viewed in Figure C.9.
For the diﬀuser section, 41 ﬂow paths were used and the default layer con-
trol of 0% (optimisation performed on every layer) was chosen. 33% of the
mid-ﬂow paths were chosen as constant from H2S. The default (O4H) topol-
ogy conﬁguration with matching periodicity was chosen again for the B2B
Topology. A summary of the diﬀuser B2B grid points can be viewed in Fig-
ure C.10. The appropriate cell width at the hub, shroud and vane walls were
found to be 5µm. The vane leading and trailing edge wall cell widths were
chosen as 3.5µm and 7µm respectively to achieve acceptable y+ values. Ap-
pendix E.2 provides proof of the y+ values. The vane surface cell width ex-
pansion ratio was chosen as 1.4. The default Optimization Properties for the
diﬀuser were chosen again to provide the best B2B mesh.
Two additional Z-Constant lines were added downstream (21 and 45
streamwise points respectively) of the trailing edge to improve the mesh. The
last Z-Constant line was added at the beginning of the pinch to accommo-
date the change in direction of the end-walls. Fixed Geometry was disabled
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(a) Leading edge.
(b) Trailing edge.
Figure C.8: Hub B2B mesh views of the Radiver test case impeller.
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(a) Leading edge.
(b) Trailing edge.
Figure C.9: Shroud B2B mesh views of the Radiver test case impeller.
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Figure C.10: Radiver test case diﬀuser grid points summary.
Table C.2: Radiver test case B2B mesh quality.
Orthogonality Aspect Ratio Expansion Ratio
Impeller
Hub 34.37° 1442.3 2.39
Shroud 21.01° 925.03 3.49
Diﬀuser
Hub and Shroud 24.48° 729.88 3.22
for both lines. Samples of the diﬀuser leading and trailing B2B meshes at the
hub can be viewed in Figure C.11. Due to the vertical vane walls, the shroud
mesh is nearly identical to the hub mesh and is thus excluded.
The resulting mesh contained 2 204 864 grid points of which 997 865 grid
points were in the impeller and 1 206 999 grid points were in the diﬀuser. A
B2B quality summary of the entire compressor is provided in Table C.2. An
AutoGrid5 block wire mesh is provided in Figure C.12.
C.3 The DEEP Prototype
A meridional view of the DEEP prototype compressor is provided in Fig-
ure C.13 and AutoGrid5 v8.7-2 was used to generate the 3-D mesh. For
the impeller, 57 ﬂow paths were used with 17 ﬂow paths in the shroud gap.
Layer control was set to 1%. For the ﬂow paths distribution from H2S, 60%
of the mid-ﬂow paths were set as constant and 33% were set as constant for
the shroud gap. The shroud gap width at the leading and trailing edge was
set to 1.3mm and 1.8mm respectively and was obtained from shroud casing
modiﬁcations provided by Van der Spuy (2003).
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(a) Leading edge.
(b) Trailing edge.
Figure C.11: Hub B2B mesh views of the Radiver test case diﬀuser.
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Figure C.12: Block wire mesh of the Radiver test case.
Figure C.13: Meridional (r-Z) view of the DEEP prototype.
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(a) Main blade.
(b) Splitter blade.
Figure C.14: DEEP prototype impeller grid points summary.
The H&I topology conﬁguration with matching periodicity was chosen for
the B2B Topology. This topology provides a better grid where splitter blades
are present (AutoGrid5 Manual, 2010), which was conﬁrmed after initially
using the default (O4H) topology for the DEEP prototype. Summaries of the
impeller main and splitter blade B2B grid points are provided in Figure C.14.
Adherence to match the main and splitter blade meshes can be seen in the
number of grid points of the B2B topologies.
The appropriate cell width at the hub was found to be 3.5µm with 3.8µm
at the shroud and 3.0µm at the main and splitter blade walls. The cell width at
the main and splitter blade trailing edges was again set to the default of −1.0.
These cell widths produced acceptable y+ values as seen in Appendix E.3.
The impeller blade surface cell width expansion ratio was set to 1.45. 310 B2B
mesh optimization steps and 50 gap optimization steps for the impeller's Op-
timization Properties provided the best B2B mesh.
Stellenbosch University  http://scholar.sun.ac.za
APPENDIX C. AUTOGRID5 MESHES OF THE THESIS
COMPRESSORS 113
(a) Main blade leading edge. (b) Main blade leading edge.
(c) Main blade trailing edge. (d) Splitter blade trailing edge.
Figure C.15: Hub B2B views of the DEEP prototype impeller.
A butterﬂy type mesh at zero radius was chosen for the Bulb Topology.
An additional Z-Constant line was added upstream (17 streamwise points)
of the blade leading edge and Fixed Geometry was disabled. Samples of the
impeller leading and trailing edge B2B meshes at the hub can be viewed in
Figure C.15 with impeller shroud meshes provided in Figure C.16.
For the diﬀuser section, 57 ﬂow paths were used and layer control was ap-
plied at 1% intervals. 33% of the H2S mid-ﬂow paths were chosen as constant.
The default topology conﬁguration with matching periodicity was chosen for
the diﬀuser's B2B Topology. A summary of the B2B grid points can be
viewed in Figure C.17. The hub wall cell width was set to 3.5µm, the shroud
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(a) Main blade leading edge. (b) Splitter blade leading edge.
(c) Main blade trailing edge. (d) Splitter blade trailing edge.
Figure C.16: Shroud B2B views of the DEEP prototype impeller.
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Figure C.17: DEEP prototype diﬀuser grid points summary.
wall cell width to 3.8µm and the vane wall cell width to 3.0µm. For the
vane trailing edge wall cell width, the default value of −1.0 was chosen again.
These wall cell widths provided acceptable y+ values as shown in Appendix E.3.
The vane surface cell width expansion ratio was chosen as 1.4. For the dif-
fuser's Optimization Properties, 210 B2B mesh optimization steps and 100
gap optimization steps provided the best B2B mesh.
Two additional Z-Constant lines were added downstream of the trailing
edge, with 53 and 21 streamwise points respectively, to improve the mesh.
The last Z-Constant line was again added at the beginning of the pinch to
accommodate the change in direction of the end-walls. Fixed Geometry was
disabled for the ﬁrst line and enabled for the second line to avoid distortion
of the cells in the pinching region. Samples of the diﬀuser leading and trailing
B2B meshes at the hub can be viewed in Figure C.18, with the nearly identical
shroud mesh being excluded again.
The resulting mesh consisted of 2 634 405 grid points of which 1 544 451
grid points were in the impeller and 1 089 954 grid points were in the diﬀuser.
A B2B quality summary of the entire compressor is provided in Table C.2.
Figure C.19 shows an AutoGrid5 block wire mesh of the DEEP prototype
compressor.
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(a) Leading edge.
(b) Trailing edge.
Figure C.18: Hub B2B views of the DEEP prototype diﬀuser.
Table C.3: DEEP prototype B2B mesh quality.
Orthogonality Aspect Ratio Expansion Ratio
Impeller
Hub 41.2° 1297.95 3.07
Shroud 35.94° 1029.26 3.05
Diﬀuser
Hub 34.36° 913.68 3.24
Shroud 34.39° 914.68 3.24
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Figure C.19: Block wire mesh of the DEEP prototype.
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Appendix D
FINE/Turbo Setups of the
Thesis Compressors
Information regarding the EURANUS solver setup of FINE/Turbo (ver-
sions 8.4-3 and 8.7-2) for the thesis compressors are supplied in this section.
The solver setup contains seven overall groups. Only two of these need to
be supplied, Conﬁguration and Boundary Conditions, as the other groups
are user speciﬁc. Parameters for the compressor cases are summarised in Ta-
bles D.1 and D.2. Backﬂow control was enabled for all the compressors at the
Outlet boundary condition.
Most of the solver setup is identical for all of the compressors. Thus, the
identical information was grouped under one heading, All Cases. The only
expert parameter enabled in Computation Steering > Control Variables >
Integer Parameters was TORRO. This is to calculate the force and torque
of the area deﬁned rotating solids only (FINE/Turbo Manual, 2010) which
in this case is the hub.
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Table D.1: FINE/Turbo Conﬁguration setup of the thesis compressors.
All Cases
Fluid Model Air (Perfect Gas)
Flow Model Time Conﬁguration Steady
Mathematic Model Turbulent Navier-Stokes
Modelling of Spalart-AllmarasTurbulence
Eckardt's O-Rotor
Flow Model ReD Related Info Charac. length = 0.14m
Charac. velocity = 80.0m/s
Charac. density = 1.225 kg/m3
Reference Values Ref. temperature = 288.1K
Ref. pressure = 101 325Pa
Rotating Machinery Rotating Blocks Impeller = −14 000RPM
Radiver Test Case
Flow Model ReD Related Info Charac. length = 0.0722m
Charac. velocity = 135.0m/s
Charac. density = 1.2 kg/m3
Reference Values Ref. temperature = 296K
Ref. pressure = 60 000Pa
Rotating Machinery Rotating Blocks Impeller = 28 541RPM
Diﬀuser = 0RPM
Rotor-Stator Non Reﬂecting 1-D (ID10)
DEEP Prototype
Flow Model ReD Related Info Charac. length = 0.122m
Charac. velocity = 130.0m/s
Charac. density = 1.18 kg/m3
Reference Values Ref. temperature = 298K
Ref. pressure = 101 000Pa
Rotating Machinery Rotating Blocks Impeller = −19 210RPM
Diﬀuser = 0RPM
Rotor-Stator Full Non Matching Mixing Plane (ID10)
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Table D.2: FINE/Turbo Boundary Condition setup of the thesis compres-
sors.
All Cases
Inlet ⇒ Total Quantities Imposed ⇒ Angle from Axial Direction (V Extrapolated)
⇒ arctg(Vt/Vz) = 0 rad
⇒ arctg(Vr/Vz) = 0 rad
⇒ Turbulent Viscosity = 0.0001m2/s
Solid ⇒ Adiabatic ⇒ Constant Rotation Speed
⇒ Shroud = 0RPM
⇒ Area Deﬁned Rotation Speed (Hub)
⇒ w1 = 0RPM
⇒ Rmin = 0m
⇒ Zmin and Zmax adequately chosen
Eckardt's O-Rotor
Inlet ⇒ Total Quantities Imposed ⇒ Angle from Axial Direction (V Extrapolated)
⇒ Absolute Total Pressure = 101 325Pa
⇒ Absolute Total Temperature = 288.1K
Outlet ⇒ Mass Flow Imposed ⇒ Velocity Scaling
Solid ⇒ Adiabatic ⇒ Constant Rotation Speed
⇒ Blade = −14 000RPM
⇒ Area Deﬁned Rotation Speed (Hub)
⇒ w2 = −14 000RPM
⇒ Rmax = 0.2m
Radiver Test Case
Inlet ⇒ Total Quantities Imposed ⇒ Angle from Axial Direction (V Extrapolated)
⇒ Absolute Total Pressure = 60 000Pa
⇒ Absolute Total Temperature = 296K
Outlet ⇒ Pressure Imposed ⇒ Static Pressure Imposed
Solid ⇒ Adiabatic ⇒ Constant Rotation Speed
⇒ Impeller Blade = 28 541RPM
⇒ Diﬀuser Blade = 0RPM
⇒ Area Deﬁned Rotation Speed (Hub)
⇒ w2 = 28 541RPM
⇒ Rmax = 0.135m
DEEP Prototype
Inlet ⇒ Total Quantities Imposed ⇒ Angle from Axial Direction (V Extrapolated)
⇒ Absolute Total Pressure = 101 000Pa
⇒ Absolute Total Temperature = 298K
Outlet ⇒ Mass Flow Imposed ⇒ Velocity Scaling
Solid ⇒ Adiabatic ⇒ Constant Rotation Speed
⇒ Impeller Blade = −19 210RPM
⇒ Diﬀuser Blade = 0RPM
⇒ Area Deﬁned Rotation Speed (Hub)
⇒ w2 = −19 210RPM
⇒ Rmax = 0.215m
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y+ Values of the Thesis
Compressors
In order to demonstrate that the 3-D meshes and solver setups for all of the
compressor cases were correct, the y+ value plots from CFView are supplied
in this section. As discussed in Section 2.3.2, the y+ values are aﬀected by the
medium velocity and wall cell width. Thus only the y+ values of the highest
mass ﬂow rate achieved during the 3-D simulations are presented.
E.1 The Eckardt O-Rotor
y+ values obtained during the turbulence model comparison of Section 2.3.2 are
shown in Figures E.1 and E.2. The decision was between the 1-equation model
by Spalart and Allmaras (1992) (S-A) and the standard k-² with extended
wall function model by Launder and Spalding (1974) (k-²). As mentioned in
Section 2.3.2, the recommended range of y+ values for the S-A and k-² models
is 1 ≤ y+ ≤ 10 (FINE/Turbo Manual, 2010). This is satisﬁed by Figures E.1
and E.2.
As mentioned in Section 2.3.2, the author aimed at achieving y+ values
lower than six for the thesis compressors. Some overshoot in areas of separation
was acceptable. The reader can refer to Figures E.3 to E.5 for y+ values of
the O-Rotor, which shows y+ values lower than six with the exception of the
trailing edge.
E.2 The Radiver Test Case
y+ values of the Radiver test case are provided in Figures E.6 to E.8. The y+
values are predominately lower than six with some acceptable overshoot at the
trailing edge.
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(a) Unshrouded. (b) Shrouded.
Figure E.1: y+ values of the O-Rotor at 6.09 kg/s using the Spalart-Allmaras
turbulence model.
(a) Unshrouded. (b) Shrouded.
Figure E.2: y+ values of the O-Rotor at 6.09 kg/s using the k-² with extended
wall function turbulence model.
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(a) Pressure surface.
(b) Suction surface.
Figure E.3: Blade pressure and suction surface y+ values of the O-Rotor at
6.19 kg/s.
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Figure E.4: Shrouded y+ values of the O-Rotor at 6.19 kg/s.
Figure E.5: y+ values above six of the O-Rotor at 6.19 kg/s.
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(a) Pressure surfaces.
(b) Suction surfaces.
Figure E.6: Blade pressure and suction surfaces y+ values of the Radiver test
case at 2.161 kg/s.
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Figure E.7: Shrouded y+ values of the Radiver test case at 2.161 kg/s.
Figure E.8: y+ values above six of the Radiver test case at 2.161 kg/s.
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(a) Pressure surfaces.
(b) Suction surfaces.
Figure E.9: Blade pressure and suction surfaces y+ values of the DEEP pro-
totype at 5.32 kg/s.
E.3 The DEEP Prototype
DEEP prototype y+ values which are predominately below 10 were obtained
with suﬃcient mesh reﬁnement as shown in Figures E.9 and E.10. AutoGrid5
v8.7-2 is unable to deﬁne a variable wall cell height along a blade surface, thus
the patches with y+ values larger than 10 in Figure E.11 could not be addressed
without increasing the amount of cells signiﬁcantly.
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Figure E.10: Shrouded y+ values of the DEEP prototype at 5.32 kg/s.
Figure E.11: y+ values above 10 of the DEEP prototype at 5.32 kg/s.
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Appendix F
O-Rotor Linear Tapered Shroud
Results
Both a linear tapered and hyperbolic contoured shroud for the O-Rotor were
investigated as discussed in Section 3.2.1, with results of the hyperbolic con-
toured shroud provided in Section 3.2.2. Results for the linear tapered shroud
are provided in this section. The total-to-total pressure ratios and total-to-
total eﬃciencies are shown in Figures F.1 and F.2.
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Figure F.1: Total-to-total pressure ratios of the O-Rotor with a linear tapered
shroud at 14 000RPM (Eckardt, 1975).
Pressure and ﬂow angle results along the vaneless diﬀuser are provided in
Figures F.4 and F.3.
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Figure F.2: Total-to-total eﬃciencies of the O-Rotor with a linear tapered
shroud at 14 000RPM (Eckardt, 1975).
Test results of the O-Rotor at 12 000RPM by Eckardt and Trültzsch (1977)
were obtained through Japikse and Oliphant (2005). Vaneless diﬀuser pressure
and ﬂow angle results at 3.86 kg/s are supplied in Figures F.5 and F.6.
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Figure F.3: Pressures along the diﬀuser of the O-Rotor with a linear tapered
shroud at 14 000RPM and 5.31 kg/s (Dubitsky and Japikse, 2008).
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Figure F.4: Flow angles along the diﬀuser of the O-Rotor with a linear tapered
shroud at 14 000RPM and 5.31 kg/s (Dubitsky and Japikse, 2008).
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Figure F.5: Pressures along the diﬀuser of the O-Rotor with a linear tapered
shroud at 12 000RPM and 3.86 kg/s (Dubitsky and Japikse, 2008).
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Figure F.6: Flow angles along the diﬀuser of the O-Rotor with a linear tapered
shroud at 12 000RPM and 3.86 kg/s (Dubitsky and Japikse, 2008).
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